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Dear reader,

 Globalization increasingly requires more and more international networking between research 
and development engineers. In response to this, the German Research Association for Drive 
Technology (FVA) launched the first Bearing World conference in 2016. With that inaugural 
meeting, the FVA initiated a very fruitful international dialogue in which researchers and developers 
from universities and bearing manufacturers came together with users and experts from the 
industry. 

 The Bearing World Journal, which is published annually, serves to foster exchange between 
international experts during non-conference years by featuring peer-reviewed, high-quality 
scientific papers on rolling element bearings as well as plain bearings. As an international expert 
platform for publishing cutting-edge research findings, the journal intends to contribute to 
technological progress in the field of bearings.

    We are now starting to prepare the 2025 edition of Bearing World Journal and are looking 
forward to new contributions from the scientific and industrial communities. We would like to thank 
all authors for their fascinating contributions to Bearing World Journal No. 8.

_ Prof. Dr.-Ing. Gerhard Poll, Initiator, Head of international Scientific Board 
_ Dr.-Ing. Burkhard Pinnekamp, President of the FVA Management Board 
_  Christian Kunze,  Editor-in-chief

Please send the paper you intend to publish in the next issue of the Bearing World 
Journal via e-mail as Word document to FVA (submission@bearingworld.org). 
In addition please attach a PDF document.
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Low-Friction Surface Engineering for Railway Wheel-End Bearings 
Victor Brizmer, Esteban Broitman, Arnaud Ruellan, Ralph Meeuwenoord, Daan Nijboer, 

Roel van der Zwaan 
SKF Research & Technology Development, 3992 AE Houten, The Netherlands  

 
                    
Abstract   
To achieve the challenging environmental goals facing the railway market, wheel-end bearing units are being 
optimized to reduce power losses in operation without compromising reliability and maintenance interval. One of 
the different technical solutions to reduce friction in railway roller bearing units is the selection of the optimum 
surface coating for the bearing components. Today, inner and outer rings of railway bearing units are coated with 
chemical conversion layers designed specifically for anti-corrosion, anti-fretting and mounting properties but not 
optimized for friction reduction in the internal contacts. In the present study, frictional performance of different 
coatings and conversion layers (tribological black oxide, zinc-calcium phosphate, and manganese phosphate) has 
been compared to that of uncoated steel surface, based on full-bearing grease-lubricated tests ran under operating 
conditions relevant for railway application. Results demonstrate that the same optimum conversion layer can 
reduce the running torque by above 30% compared to the current products both at low and intermediate speeds 
relevant to intercity trains. Extra analysis shows that beneficial running-in properties of the conversion layers, 
governed by the hardness and roughness differentials of the contacting surfaces, dominate the friction reduction 
potential. It is also verified that the running-in wear of the soft conversion layers does not affect the reliability of 
the bearing units if applied to the rougher or both contacting surfaces. For this purpose, wear and surface distress 
screening tests were performed on a micropitting rig as well as dedicated grease ageing tests with conversion layer 
particle contamination. 
Keywords – railway wheel-end bearings; conversion coating; manganese phosphate; black oxide; zinc-calcium-
phosphate; friction; wear; surface distress. 
                        

1. Introduction 
To meet the environmental requirements, the global 
railway market aims to half the final energy 
consumption and specific average CO2 emissions from 
train operations by 2030 (vs 1990 baseline) [1]. For 
this reason, wheel-end bearing units are being 
optimized to reduce power losses in operation without 
compromising the other performance aspects that 
could influence the maintenance interval.  
Among multiple potential solutions to reduce friction 
in railway bearing units (e.g., optimization of bearing 
contact, cage geometry, seal design, lubricant 
selection), low-friction surface engineering (including 
topography and coating) for the rings and/or rolling 
elements seems to be one of the most promising. There 
exist multiple types of coatings that can be used in 
rolling bearings [2] but only a few of them can be used 
on the raceways [3].  
An example of raceway-applicable coatings is a group 
of them known as “conversion coatings” [4], which are 
produced by converting the bearing metallic surfaces 
into a coating by conducting electrolytic or non-
electrolytic chemical reactions under specific 
conditions. These conversion coatings have been 
employed for quite a long time to prevent corrosion of 
metal parts and, when applied in lubricated tribological 
contacts, can also mitigate adhesive wear, enhance 
fatigue resistance, and reduce friction [5], [6].  
The most commonly used types of conversion coatings 
on steel bearing substrate are phosphates and oxides 

that usually have rough and sometimes porous surface 
structure which facilitates adsorption of liquid 
lubricant. This mechanism is believed to enhance the 
corrosion protection and to promote the other 
abovementioned tribological benefits of conversion 
coatings [4]. 
The bearing phosphating conversion process includes 
several immersion steps in which the coating is created 
by chemical reactions where the iron on the surface 
reacts with manganese, zinc, or zinc-calcium cations, 
and the phosphate anions in the fluid. Addition of 
calcium to the zinc produces a smoother layer with 
smaller grains, providing properties more suitable to 
rolling/sliding contacts [2], [7]. When used for bearing 
applications, manganese phosphate (MnPh) or zinc-
calcium phosphate (ZnCaPh) coatings have a thickness 
in the range of 2-15 μm [2], [8].  
Another bearing conversion process, black oxidation, 
is also the result of a chain of chemical reactions with 
immersion of the bearing steel surfaces in different 
warm alkaline aqueous salt solutions. The reactions 
between the iron of the steel surface and the reagents 
produce a black layer, approximately 1 μm thick, 
consisting of a blend of FeO, Fe2O3, and Fe3O4 [9]. The 
total process consists of about 15 different immersion 
steps, in many of which it is possible to vary chemical 
contents, concentrations, temperatures, immersion 
times, and fluid behavior within the tanks, defined in 
DIN 50938 [10] and equivalent ISO 11408 [11]. In our 
experiments, we will use a ”tribological black oxide” 
(TBO) coating, produced according to the proprietary 
production specifications in order to tailor the coating 
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for optimum tribological behavior in rolling bearing 
applications [2]. 
Many of the published studies that address the 
tribological properties of black oxide, zinc-based 
phosphate, and manganese phosphate conversion 
coatings, are based on tests carried out in pure sliding 
conditions (see literature review in [8]) that do not 
represent the kinematics of rolling element bearing 
contacts. 
There are several publications addressing the frictional 
performance and other tribological aspects of black 
oxide [8], [9], [12], [13] manganese phosphate [8], 
[14], [15] and zinc-calcium-phosphate [8] layers by 
carrying out different tests under rolling/sliding 
contact conditions.  
The micropitting and wear performance of TBO in 
rolling/sliding contacts, lubricated with base oil or 
oil/additive solution, was studied in [9] and [12], 
respectively. It was observed that, under certain 
conditions, TBO can mitigate the micropitting 
accumulation, and it does not have negative impact on 
the total wear. 
In the current study, three different conversion layers 
(ZnCaPh, MnPh, and TBO, see general properties in 
Table 1), are compared with each other and with 
reference uncoated steel samples concerning their 
friction performance. This comparison is based on 
experimental results of grease-lubricated double-row 
CRB friction rig tests under conditions typical for 
railway bearing application. Moreover, possible 
influence of these conversion layers on the bearing 
maintenance interval has been verified using 
micropitting and wear MPR component tests and 
grease ageing tests.  
 
Table 1: Chemical composition and thickness of the layers 
used in the present study 

Layer Chemical composition Thickness 
TBO Tribological Black Oxide 

FeO, Fe2O3, Fe3O4 
~1 µm 

ZnCaPh Zinc Calcium 
Phosphating 
Zn3(PO4)2CaZn2(PO4)2 

~5 µm 

MnPh Manganese Phosphating 
(Mn,Fe)5(PO4)2(PO3OH)2 

~10 µm 

2. Experimental details 
A full-bearing in-house test rig, shown schematically 
in Figure 1, designed to measure bearing friction 
torque under various speed and load conditions, has 
been employed to compare the different conversion 
layers under test conditions close to those in intercity 
train wheel-end bearing units [8].  
Since wheel-end bearing units are typically double-
row units, the tests were performed with a double CRB 
(cylindrical rolling bearing) setup (NU2207 ECP/C3 
and NJ 2207 ECP/C3). The roller sets were kept with 
original rings to maintain C3 clearance. Before testing, 

every bearing was filled with 2.5 g of a typical railway 
grease providing the same initial grease distribution. 
The overall test conditions for this study are specified 
in Table 2. In general, the test profiles are used by 
varying either the rotation speed or the axial load. The 
radial load has been set to reach contact pressures of 
1.3 GPa and 1 GPa, respectively, on the inner (IR) and 
outer ring (OR).  
The axial load for the speed cycles was set to reach 200 
MPa on the flange contact. The speed cycle has been 
designed to represent typical linear speeds obtained in 
intercity railway wheel-end units and in order to 
minimize the effect of grease movements on the 
measured torque. The axial load cycle has been 
designed to assess the flange contribution yet staying 
below the maximum recommended axial-to-radial 
load ratio.  
In this test campaign, the inner and outer rings of the 
bearings were either uncoated or coated with one of the 
conversion layers, while the rollers were kept 
uncoated. 
 

 
Figure 1: Schematics of the full bearing test rig, used in the 
present study [8] 
 
Table 2: Summary of full-bearing testing conditions 

Bearings NU2207 + NJ2207 
Radial load (N) 7000 
Axial load (N) 100-1000 
Lubrication Railway Grease  

(PAO base oil ISO VG100) 
Temp (°C) 60 
Speeds from 300 to 4500 rpm with 0.5 

hrs CW and 0.5 hrs CCW 
Repeats Speed cycle repeated minimum 

7 times 
 
To investigate the possible influence of conversion 
layers on the maintenance interval by affecting the 
surface distress and/or wear resistance, a micropitting 
test rig (MPR, produced by PCS Instruments, UK) was 
used in the present study. The principal part of the 
MPR is its load unit which consists of three rings in 
contact with a small roller in the middle, rotating with 
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fixed sliding in oil-lubricated conditions, as shown in 
Figure 2. 
This contact design forces the roller to accumulate 
fatigue macro-cycles 13.5 times faster than any of the 
three rings during the test. Moreover, contacting 
surfaces of the rings are transversely grinded to 
facilitate the accumulation of micropitting on the roller 
that was polished to create a tenfold roughness 
differential (typically, the Rq roughness values are 
50nm and 500nm for the roller and the rings, 
respectively) between the contacting surfaces (before 
applying the conversion layer on one or both of them). 
Under these conditions, the roller becomes much more 
exposed to micropitting than its larger and rougher 
contact mates [16].  
The MPR tests were designed in such a way to provide 
mixed lubrication during the test and to be with the 
maximum Hertzian contact pressure typical for 
railway wheel-end bearing units. 
 

 
Figure 2: MPR – schematics of the load unit. 
 

3. Results and discussion 
The microstructural aspects and mechanical 
characteristics of the three conversion layers, their 
influence on the frictional torque in the dedicated full 
bearing tests and evaluation of their possible influence 
on the bearing maintenance interval (concerning the 
micropitting, wear, and grease ageing aspects) will be 
discussed separately, in three sections of the present 
Chapter.   

3.1. Morphology and mechanical properties of the 
conversion layers 
SEM images with typical morphology of the three 
conversion layers are presented in Figure 3.  
The TBO coating (Figure 3(a)) shows presence of 
voids and cracks that can be attributed, respectively, to 
the nature of the oxide conversion process and to the 
fact that the TBO has a different thermal expansion 
coefficient than the steel substrate (see discussion in 
[8]). The ZnCaPh coating (shown in Figure 3(b)) has a 
compact microstructure with a uniform distribution of 
grains (thanks to the incorporation of calcium during 
the phosphating process), while the MnPh coating (see 
Figure 3 (c)) has a polycrystalline microstructure with 
prismatic-shaped crystals with a typical size of 5-
10µm [8]. 

The hardness and the reduced Young’s moduli of the 
three conversion layers, obtained by nano-indentation 
[8], are shown in Table 3 in comparison with the 
mechanical properties of the reference AISI 52100 
bearing steel. It can be seen that all the conversion 
layers are much softer and less stiff than the steel. This 
could imply enhanced running-in of the coated 
surfaces and mitigated contact stresses in the near-
surface zone.  
 

 
Figure 3: SEM images showing typical morphology of the 
three conversion coatings: (a) TBO, (b) ZnCaPh, (c) MnPh. 
Note that the magnification in (b) is half the magnification in 
the other images. 
 
Table 3: Mechanical properties of the conversion layers vs 
the reference AISI 52100 steel [8] 

 H, GPa Er, GPa 
Steel 8.98 ± 0.97 197.6 ± 8.4 
TBO 2.5 ± 1.1 71 ± 22 
MnPh 1.49 ± 0.44 88 ± 14 
ZnCaPh 2.73 ± 0.79 58 ± 11 

 

3.2. Full bearing tests 
The relative average bearing torque, obtained from the 
full-bearing speed cycle tests (see test rig in Figure 1), 
is presented in Figure 4 for various speeds within the 
bearing friction speed cycle under constant axial load 
of Fa=250N (except the last step under Fa=100N). The 
torque is normalized with respect to that for uncoated 
steel bearings at 3,1krpm and represents the average 
values of at least 9 speed cycle repeats (see actual R-
numbers on the right). It should be mentioned that the 
duration of each speed step was 1 hour (i.e., 6 hours 
per speed cycle) and that these measurements were 
taken after the initial running-in stage of 10 hours. 
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Notice in Figure 4 that the use of the TBO (black 
columns) leads to prominent and consistent friction 
reduction compared to the reference all-steel case 
(grey columns) throughout the speed cycle. This 
friction reduction is more prominent at lower speeds, 
ranging from about 30% at 4,5krpm to 50% at 
0,3krpm. 
ZnCaPh coating (blue columns) shows less consistent 
friction reduction than the TBO, while MnPh (green 
columns) does not reduce the torque compared to the 
all-steel case case.  
 
 

 
Figure 4: Relative average torque for different speeds within 
the bearing friction speed cycle at Fa=250N (if not stated 
otherwise) 
 
After the tests, the roughness of the bearing raceways 
was scanned by using light interferometry microscope, 
and the corresponding results are presented in Table 4 
in dimensionless form, normalized with respect to the 
reference Ra value of untested steel rings without 
conversion layer. 
Data presented in Table 4 imply that the friction 
reduction with TBO, seen in Figure 4, can be explained 
by the enhanced running-in ability: there is a 52% 
reduction in the Ra value on the TBO coated surface 
vs. 29% reduction on the raceway steel surface in the 
all-steel bearing under identical conditions. This 
observation also explains why the TBO benefits 
reduce at higher speeds, where the larger film 
thickness separates the solid surfaces in a better way. 
The corresponding Ra reduction on the flange track is 
25% for the TBO whereas the steel flange surface does 
not show any signs of run-in. 
For the other conversion layers, the Ra / Ra-ref  ratios 
were above one in all the cases, meaning that the initial 
surface roughnening due to the coating process has not 
been compensated by the running-in.   
 
Table 4: Surface roughness Ra measured inside the inner 
ring raceway and flange tracks after testing, normalized vs. 
the reference Ra of “virgin” steel rings, prior to coating 

Surface Raceway track, 
Ra / Ra-ref 

Flange track, 
Ra / Ra-ref 

Steel 0,71 1,07 
MnPh 1,49 1,68 
ZnCaPh 1,40 1,41 
TBO 0,48 0,75 

 
In  Figure 5, the results of load cycles at constant speed 
(of 1,8krpm) are presented, demonstrating the 
influence of the axial load on torque reduction effect 
of the TBO vs. the reference all-steel bearings, for 2 
different greases, used as the lubricant (standard and 
low-friction). It is apparent that in the case of all-steel 
bearing, the frictional torque grows almost linearly 
with the axial load, underlining the flange contact 
contribution [8]. The fivefold increase in Fa from 
0,2kN to 1kN results in about fourfold increase in the 
torque with both the standard and the low-friction 
grease (the grey and the light brown columns, 
respectively). It can also be seen that the low-friction 
grease gives 25-30% friction reduction, compared to 
the standard one, for all-steel bearings. On the other 
hand, with the TBO (black and dark brown columns 
for standard and low-friction grease, respectively), the 
frictional torque only slightly increases with the axial 
load. It can be seen that the use of TBO results in 
friction reduction from 50% at lower loads to 75% at 
higher loads, compared to all-steel bearing with 
standard grease. It is obvious that, from torque 
reduction viewpoint, applying the TBO gives more 
prominent effect than using a low-friction grease [8].  
 

 
Figure 5: Relative average frictional torque for different 
axial loads at 1800 rpm 
 
The results in Figure 5 imply the relative torque values 
averaged over 6 or 16 load cycles (see legend below 
the Figure). An important question that remains to be 
answered if the TBO gives stable and consistent 
friction reduction, i.e., if the torque does not change 
much from cycle to cycle and if it does not increase 
towards the end of the test. 
The results of Figure 5 are replotted in Figure 6, 
showing the time evolution of the dimensionless 
torque, from cycle to cycle, instead of its average 
value. As can be seen, with the TBO (right) the torque 
is even more stable than in the reference all-steel 
bearings (left), within the whole tested range of the 
axial loads (from 0,4kN to 1,0kN), for both greases. 
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Figure 6: Time evolution of relative frictional torque  for 
different axial loads at 1800 rpm 
 

3.3. Beyond friction – other tribological aspects 
Low-friciton solutions do not make practical sense if 
they compromise the other tribological performance or 
lubrication aspects that can negatively influence the 
bearing maintenance interval. These aspects could 
imply increased risk of surface-initiated fatigue 
(micropitting), reduced antiwear resistance or 
acceleration of grease ageing due to the presence of 
conversion layer. To evaluate possible influence of the 
considered coatings on these performance factors, 
special component and lubricant tests were carried out 
in the present study. 
The MPR wear test results, showing the mass loss of 
the steel roller during the test, in contact with the 
different rings are presented in Figure 7. It can be 
easily seen that none of the conversion layers has 
compromised the antiwear resistance of the sample. In 
fact, being much softer thant the bearing steel (see 
Table 3), they appear much less “aggressive” to their 
steel contact mate, mitigating its wear mass loss by a 
factor of 5-6. 
 

 
Figure 7: MPR wear test results – mass loss of the steel roller 
in contact with different uncoated (steel) and coated rings 
 
The MPR surface distress test results, showing typical 
appearance of the steel roller surface, tested in contact 
with different sets of rings, can be seen in Figure 8. As 
can be noticed, all the three converison layers inhibit 
or highly mitigate the micropitting accumulation on 
the steel roller, compared to the all-steel contact (top 
left) where promonent micropitting damage is present.   
 

 

 
Figure 8: MPR micropitting test results – surface of the 
tested steel roller in contact with different uncoated (steel) 
and coated rings 
 
The results of Figure 8 correspond to the case of 
smooth steel roller in contact with different coated 
rough rings. The influence of conversion layer location 
(on the smooth sample, on the rough counterbody or 
on both) vs. the reference all-steel contact is presented 
in Figure 9 for the case of TBO.  
It can be seen that the double TBO (top right) and TBO 
produced only on the rough counterbody (bottom left) 
enhance the anti-micropitting protection of the contact, 
compared to the reference all-steel case (top left). 
However, if TBO is produced on the smooth sample 
only (bottom right), higher risk of micropitting, 
combined with severe abrasive wear, can be expected 
in the contact due to the unfortunate combination of 
roughness and hardness (soft and smooth TBO vs. hard 
and rough bearing steel, see Table 3).  
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Figure 9: Influence of TBO location on micropitting – MPR 
test results with four possible configuratios under identical 
conditions 
 
Possible influence of the conversion layers on grease 
ageing has also been evaluated. For this purpose, 
identical samples of fresh grease were mixed with Fe, 
FeO (mimicking TBO), MnPh and ZnPh particles 
(each 2% wt) and placed in an oven at 130°C (see 
Figure 10, left), along with some reference samples of 
pure grease. Once a week, the samples were taken from 
the oven for visual inspection and XPS (X-ray 
photoelectron spectroscopy) analysis. After four 
weeks, it was found that the grease samples mixed with 
Fe particles show signs of oil bleeding, as shown in 
Figure 10, right, while all the samples mixed with the 
conversion layer particles remained identical to the 
reference ones of the pure grease. These results imply 
that none of the three considered conversion layers is 
likely to facilitate grease ageing. 
 

 
Figure 10: Possible influence of conversion layers on grease 
ageing – oil bleeding occurred for Fe particles only 

4. Conclusions 
In the present study, the frictional performance of three 
different conversion layers (TBO, ZnCaPh and MnPh) 
has been experimentally investigated under conditions 
typical for railway bearing application. The following 
observations have been made:  

• The tribological black oxide (TBO) coating 
shows consistent low friction (when applied 
to the rougher or both surfaces), mainly 
thanks to its enhanced running-in ability. 

• In this case, friction reduction is not 
compromised by higher wear or micropitting 
risk nor shorter grease life, as was verified by 
additional component MPR and grease 
ageing tests. 

• In the case of high roughness difference 
between the contacting surfaces (e.g., smooth 
rolling elements vs. rough rings), TBO should 
not be applied to the smoother surface only. 
This can mitigate or cancel the expected 
friction reduction and compromise the 
tribological performance by e.g., increasing 
the risk of micropitting and/or abrasive wear. 

• The other conversion layers, considered in 
the present study (MnPh and ZnCaPh), have 
not demonstrated a prominent and robust 
friciton reduction in the full bearing tests, 
compared to the reference all-steel bearings. 
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Abstract–The use of journal bearings for the planetary bearings in wind turbine gearboxes is advantageous com-
pared to rolling bearings in terms of drive train power density and expected lifetime. To reduce the downtime and 
increase the reliability of a planetary journal bearing suitable condition monitoring approaches for journal bearings 
are needed. Those condition monitoring systems (CMS) are still subject to current research efforts and often consist 
of temperature and vibration measurements. This work presents a new approach towards the monitoring of journal 
bearings using the Surface Acoustic Wave (SAW) technology. The measurement setup is installed and tested on a 
journal bearing test rig operating in full hydrodynamic and mixed friction conditions. The measurement results 
show a correlation between mixed friction as well as dry-running of the bearing and the propagation speed and 
amplitude damping of surface acoustic waves on the sliding surface of the bearings. The correlation can be used 
for condition monitoring purposes. Thus, a machine learning algorithm is trained with the SAW measurement data 
to autonomously detect different lubrication conditions. 
Keywords – condition monitoring, journal bearings, surface acoustic waves, tribology 
                        
 

1. Introduction 
Wind energy is the most important renewable energy 
source in Germany, producing around 50 % of the 
country’s renewable electricity in 2022 [1]. In recent 
years the rated power output of new turbine genera-
tions increased steadily. If an increase of turbine power 
and steady capital and operating expenses (e.g. 
through increased reliability) can be achieved, a fur-
ther reduction of the levelized costs of electricity 
(LCOE) for wind energy is possible. It can be assumed 
that turbine power ratings of up to 20 MW will be 
achieved in the next few years [2]. This development 
is pushing the drive train design to higher power den-
sities, since the drive train’s weight cannot increase in-
definitely (e.g. due to limitations of the tower). The 
power density in the planetary stages of a wind turbine 
gearbox can be increased by the use of journal bearings 
as planet gear bearings instead of rolling bearings due 
to their more compact design [3]. In addition, journal 
bearings are characterized by their long service life 
compared to rolling bearings. If they are designed and 
operated correctly, journal bearings can be operated al-
most indefinitely. This is a significant advantage, par-
ticularly in the view of the high operational expendi-
tures (OpEx) for wind energy (around 33 % of the 
LCOE for offshore wind power plants in the year 2021 
[4]). 
For the safe operation of journal bearings and reduced 
downtime, a reliable condition monitoring system 
(CMS) that communicates with the turbine controller 
is of great importance (e.g. derate turbine power to pre-
vent bearing seizure). The integration of condition 
monitoring systems into the turbine control is currently 
still a challenge for the wind industry, but offers great 

economic potential [5]. Although condition monitor-
ing methods for rolling bearings and gear contacts al-
ready exist [6], monitoring methods for journal bear-
ings (e.g. journal bearings for wind turbine gearboxes) 
have a significantly lower technology readiness level 
and are therefore currently still subject to research.  
One example for a simple monitoring method for jour-
nal bearings is the measurement of the bearing temper-
ature, as friction in the bearing can be detected by an 
increase in temperature [7]. Another frequently dis-
cussed measurement method is the so-called Acoustic 
Emission (AE). The AE emitted by a tribological con-
tact in case of mixed friction can be measured using 
highly sensitive piezoelectric transducers. Examples 
for the application of AE measurements for condition 
monitoring purposes are journal bearings and rolling 
bearings [8, 9] as well as gear flank contacts [10]. The 
disadvantage of the AE measurement method is the 
high sampling rate required to capture the high fre-
quencies. In addition, passive acoustic measurement 
methods recording structure borne sound emitted by 
the tribological contact of interest are susceptible to in-
terference, which is a significant disadvantage, espe-
cially for applications in wind energy gearboxes. The 
Surface Acoustic Wave (SAW) technology offers an 
alternative to this, since it measures actively emitted 
ultrasonic signals with a specific frequency which are 
less prone to acoustic disturbance. The use of artifi-
cially generated sound signals for condition monitor-
ing is especially suitable for journal bearings due to the 
lack of natural excitation (e.g. bearing frequencies). 
The SAW technology is already proven in the non-de-
structive testing of various materials for mechanical 
defects. Cracks and impurities in the material of a 
wave guide can be detected since they alter the propa-
gation behavior of SAW [11]. The properties of a fluid 
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which is in contact with the wave guide material can 
also be quantified through the propagation behavior of 
SAW. This can be used to monitor tribological con-
tacts like bearings or seals using the SAW technology. 
SAW based condition monitoring of rolling bearings 
and seals has already been proposed before [12]. The 
technology has been tested and improved in several in-
vestigations: 
In an investigation on linear friction contacts and roll-
ing bearings by Linder et al. the SAW propagation 
speed and amplitude has found to be sensitive to lubri-
cant viscosity [12]. This result was later confirmed by 
Tyreas et al. [13]. Lindner et al. also showed that the 
SAW propagation characteristics (amplitude and 
transmission time) in a rolling bearing depend on the 
amount of lubricant in the bearing, which enables the 
monitoring of lubrication conditions [14]. Chmelar et 
al. demonstrated that the propagation speed of SAW 
excited in a rolling bearing outer ring is sensitive to the 
film thickness and thus the load [15]. 
Nohyu et al. demonstrated experimentally that the 
propagation velocity of SAW in a solid-solid interface 
changes in agreement with the contact load [16]. This 
effect has the potential to enable the monitoring of 
solid contact in bearings by means of SAW measure-
ments. 
Drinkwater et al. proved that the reflection character-
istics of an ultrasonic signal in a lubricated contact can 
be used to measure the film thickness in bearings [17].  
There is little literature on the use of SAW technology 
on journal bearings in the state of the art. This work 
contributes to transferring the findings from the afore-
mentioned investigations to journal bearings for the 
purpose of condition monitoring. This is done by per-
forming experiments on a journal bearing component 
test rig equipped with a SAW measurement setup. The 
aim of these experiments is the identification of signal 
features sensitive to operating conditions of the bear-
ing. Secondly, these findings are used to showcase an 
oil film height classification based on a machine learn-
ing algorithm utilizing the SAW measurement data. 
The results of this classification approach are pre-
sented and discussed.  

2. Experimental Setup 
For the experimental investigation of SAW on journal 
bearings in this work a component test rig is used (Fig-
ure 1). It comprises an electric motor for the applica-
tion of a specific sliding speed 𝑣𝑣 and hydraulic actuator 
for the application of a radial force 𝐹𝐹𝑁𝑁. The friction 
torque between bearing and shaft is measured with a 
force transducer (in combination with the lever arm) 
mounted to the rotatable bearing enclosure. 

 
Figure 1: Journal bearing test rig 

In addition to the SAW measurement the sliding speed 
𝑣𝑣, friction moment 𝑀𝑀𝐹𝐹𝐹𝐹  and temperature 𝜗𝜗 of the bear-
ing are recorded during testing. All experiments shown 
in this work are performed using an ISO VG 320 wind 
turbine gearbox oil (PAO) as the lubricant to create 
comparability to the real WT application. The specifi-
cation of the overall test setup (bearing geometry) can 
be found in Table 1. 

Table 1: Specifications of the test setup 
Parameter Symbol Value Unit 
Diameter 𝐷𝐷 120 mm 
Width 𝐵𝐵 30 mm 
Nominal clearance 𝑆𝑆 80 μm 
Bearing surface roughness 𝑅𝑅𝑎𝑎,𝐵𝐵 0.4 μm 
Shaft surface roughness 𝑅𝑅𝑎𝑎,𝑆𝑆 0.6 μm 

3. Method 
SAW propagate along the surface of a solid substrate, 
which can have both transverse and longitudinal com-
ponents. Their propagation behavior highly depends 
on the elastic properties of the substrate (so-called 
wave guide) they propagate on. 
One example for a type of SAW is the so-called Ray-
leigh wave (see also Figure 2). Rayleigh waves propa-
gate along the surface of solids (X - Direction) and in-
clude both longitudinal and transverse motion. Their 
amplitude decays exponentially with increasing dis-
tance from the surface to a penetration depth of a few 
wave lengths [18, 19]. 

 
Figure 2: Schematic visualization of a Rayleigh wave 

Rayleigh waves are non-dispersive, which means that 
their velocity 𝑐𝑐𝑅𝑅 is not dependent on their wave fre-
quency. For materials with a Poisson ratio 𝜈𝜈 above 0.3 
the Rayleigh wave speed c𝑅𝑅 can be approximated as 

Hydraulic actuator

Friction gauge

Drive 
shaft

Journal 
bearing

Motor

X

Y



Decker et al. - Bearing World Journal Vol. 8 (2024) page 15 – page 24 
 

17 

c𝑅𝑅 = 𝑐𝑐𝑆𝑆 ∙
0.87 + 1.12 ∙ 𝜈𝜈

1 + 𝜈𝜈
 (Eq. 1) 

with 𝑐𝑐𝑆𝑆 being the shear wave velocity in the corre-
sponding material [18]. 

Another type of acoustic wave mode worth mentioning 
for the context of this work are the so-called Lamb 
waves. Lamb waves occur when the thickness of the 
guiding substrate (plate thickness 𝑑𝑑) is within a similar 
scale as the wavelength 𝜆𝜆. Therefore Lamb waves can 
emerge on thin plates, rings and spheres [20]. There 
exist two fundamental vibration modes of Lamb 
waves: the asymmetrical vibration (A0-mode shown in 
Figure 3 a)) and the symmetrical vibration (S0-mode 
shown in Figure 3 (b)) [19, 21]. Both wave forms and 
modes with order can occur in superposition. 

 
(a) 

 
(b) 

Figure 3: (a) A0 asymmetrical fundamental Lamb wave 
mode, (b) S0 symmetrical fundamental Lamb wave mode  

Lamb waves are dispersive, which means that the 
propagation speed 𝑐𝑐 of a specific mode form depends 
on the product of the wave frequency 𝜔𝜔 and the plate 
thickness 𝑑𝑑 [19]. Thus, lamb wave mode forms have 
different propagation speeds. 

Through an active excitation, for example using a pie-
zoelectric transducer, the aforementioned wave modes 
(both Rayleigh and Lamb waves) can be excited in 
solid materials [12, 14, 22]. In this work the SAW 
measurement setup consists of two piezoelectric 
probes (emitter and sensor) mounted to the stationary 
part of the journal bearing [12, 13] (see also Figure 4). 

The test bearings are machined to have two radially in-
ward facing boreholes into which the piezoelectric 
probes are glued with a permanent bonding. The 
probes are aligned perpendicular to the sliding surface. 
Afterwards, the piezo probes are encapsulated with a 
polymer compound to protect them from external in-
fluences. 

 
Figure 4: Journal bearing with radial boreholes for the  
application of the piezoelectric probes for the SAW meas-
urement 

The measurement setup is shown in Figure 5. In this 
work the journal bearing itself acts as the wave guide 
with the SAW propagating on the sliding surface. The 
emitter probe excites acoustic waves in the journal 
bearing material. This is illustrated through the exem-
plary finite-element simulation result of the wave am-
plitude propagating through the journal bearing in Fig-
ure 5. The probes are spaced 40° (bow length 
𝑏𝑏𝑙𝑙  =  42 𝑚𝑚𝑚𝑚) apart such that the load zone of the 
journal bearing (area of maximum pressure) is located 
in the center between the probes. A similar setup has 
been used by Chmelar et al. for the monitoring of the 
oil film height in a rolling bearing [15]. In the case of 
mixed friction asperity contact would occur in the area 
between the two probes. 

 
Figure 5: Schematic visualization of the SAW measurement 
setup on a radial journal bearing 

The specimen used in this work are journal bearings 
manufactured from the bronze alloy CuSn12Ni2-C. 
The specifications of the material are given in Table 1. 

Table 1: Specifications of the bearing material 
Parameter Symbol Value Unit 
Young’s modulus 𝐸𝐸 100 GPa 
Possion’s number 𝜈𝜈 0.33 - 
Shear wave velocity [23] 𝑐𝑐𝑆𝑆 2044.12 𝑚𝑚/𝑠𝑠 

If at least one surface side of the wave guiding sub-
strate (in this case the journal bearing) is in contact 
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with a fluid (in this case the oil film), Lamb and Ray-
leigh waves can leak energy into the fluid. Hereby 
acoustic pressure waves are generated in the fluid. The 
liquid waves propagate under the so-called Rayleigh 
angle at an angle to the surface of the wave guide. [18]. 
This causes the wave on the wave guide to decay as it 
propagates along the surface. This phenomenon of a 
decoupling Lamb or Rayleigh wave in a solid-fluid 
half space is also known as a Leaky Lamb wave or 
Leaky Rayleigh Wave respectively [21]. A schematic 
example for a Leaky Lamb wave in a solid-fluid inter-
face is shown in Figure 6. 

 
Figure 6: Schematic visualization of a Leaky Lamb wave in 
a solid-fluid interface 

In the context of this work the solid-fluid interface 
consists of the bearing material and the oil film that 
separates the bearing from the shaft. As shown in Fig-
ure 6 the pressure wave generated in the liquid through 
the Leaky Lamb wave eventually reaches the shaft ma-
terial. When the pressure wave in the liquid film 
reaches the shaft, another surface wave is excited on 
the shaft and will partly couple back a certain propor-
tion of its energy into the fluid. The distance traveled 
by the acoustic waves in the liquid is therefore depend-
ent on the oil film height ℎ (Figure 6). 

When solid contact between the bearing and the shaft 
occurs due to mixed friction the transfer behavior is 
changed again, since a direct acoustic coupling occurs 
between the two solids. Thus, the propagation behav-
ior of the SAW on the bearing’s sliding surface is in-
fluenced by the operating condition of the bearing. The 
propagation behavior can be measured via the follow-
ing approach: 

The emitter probe excites SAW on the bearing’s slid-
ing surface through an excitation signal 𝑥𝑥�𝑖𝑖 containing 
a short sinusoidal wavelet. The excitation form is 
shown in Figure 7. This wavelet function 𝑢𝑢(𝑡𝑡) is cre-
ated through the multiplication of a sine wave and a 
hann-window function according to (Eq. 2. 

𝑢𝑢(𝑡𝑡) = sin (2𝜋𝜋 ∙ 𝑓𝑓𝐸𝐸 ∙ 𝑡𝑡) ∙
1
2
�1 − cos �

2𝜋𝜋𝜋𝜋
𝑀𝑀 − 1

�� (Eq. 2) 

The excitation wavelet has a constant carrier frequency 
of 𝑓𝑓𝐸𝐸 = 350 kHz and is emitted every 1.0 ms, which 
is also the evaluation interval for the feature extraction 
on the recorded signal. 

 
Figure 7: Excitation wavelet with excitation  
frequency 𝑓𝑓𝐸𝐸 = 350 𝑘𝑘𝑘𝑘𝑘𝑘 

The receiver probe repeatedly measures the response 
signal x(𝑡𝑡) at t=0.0 μs of the excitation at a sampling 
frequency of 10 MHz. Due to the aforementioned dis-
persion effect the original signal from Figure 7 is de-
composed into several wave groups. An example for 
the measured signal in the journal bearing during op-
eration is shown in Figure 8. In this case two signifi-
cant wave groups appear in the measured signal be-
tween 10 and 30 𝜇𝜇𝜇𝜇 as well as 35 and 50 𝜇𝜇𝜇𝜇. 

 
Figure 8: Exemplary measured response signal corre-
sponding to an excitation frequency of 𝑓𝑓𝐸𝐸 = 350 𝑘𝑘𝑘𝑘𝑘𝑘 

For a precise measurement, a monomodal signal or a 
signal with distinguishable modes must be achieved 
preferably, since a superposition of several wave 
modes can disturb the measurement. Therefore, an ex-
citation frequency 𝑓𝑓𝐸𝐸 must be found that causes mini-
mal modal superposition and disturbance. The longer 
the distance travelled by a SAW on the wave guide 
(e.g. multiple cycles over the full bearing circumfer-
ence), the more susceptible the measurement is to in-
terference. For this reason, the Rayleigh wave passing 
directly through the load zone is preferably evaluated 
in this work. For the abovementioned bearing material 
(Table 1) and probe distance 𝑏𝑏𝑙𝑙  and according to (Eq. 
1 the propagation duration 𝑡𝑡𝑅𝑅 of the Rayleigh wave 
passing through the load zone can be expected to be: 

𝑡𝑡𝑅𝑅 =
𝑏𝑏𝑙𝑙
𝑐𝑐𝑅𝑅
≈ 23𝜇𝜇𝜇𝜇 (Eq. 3) 

This corresponds to the response signal in Figure 8, 
where the most significant peak of the first wave group 
reaches the sensor after approximately 23 μs. In Figure 
9 an example for an unfavorable response signal is 
demonstrated. This particular signal has been meas-
ured under the exact same operating conditions of the 
bearing as the above shown signal, but was excited 
with an excitation frequency of fE = 400 kHz. The 
signal in Figure 9 contains modal superpositions well 
recognizable through the phase shifts at t = 35 μs and 
t = 42 μs. 
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Figure 9: Exemplary measured response signal corre-
sponding to an excitation frequency of 𝑓𝑓𝐸𝐸 = 400 𝑘𝑘𝑘𝑘𝑘𝑘 

3.1. Signal processing 

Under the influence of different operating conditions 
and lubrication regimes the wave propagation behavior 
changes [15]. The change in propagation behavior is 
evaluated using several signal features: 

The propagation time of the signal 𝜏𝜏 as well as the 
wave amplitude value 𝐴𝐴 is measured by tracking the 
zero-crossing point of one particular phase from the 
measured signal. The phase to be tracked is specified 
by the so-called gate position tG (e.g. indicated in Fig-
ure 11). The gate position should always be set to a 
phase of the received signal that has a significant am-
plitude [14]. 

The modulation width of the propagation time signal 
τ, also known as propagation time modulation ∆τ, 
specifies the maximum available delay difference / de-
lay modulation within a defined time window 𝑡𝑡𝑊𝑊,0 to 
𝑡𝑡𝑊𝑊,1. This time window contains numerous excitation 
cycles, such that the propagation time modulation ∆𝜏𝜏 
describes the change in modulation over time. In sim-
pler terms, it is the difference between the maximum 
and minimum propagation time value in a defined time 
window ge of the analyzed measurand (Runtime). It 
can be calculated according to Eq. 4 [6]. 

Δ𝜏𝜏 = max
�t ∈�tW,0,tW,1��τ(t)

− min
�t ∈�tW,0,tW,1��τ(t)

 (Eq. 4) 

In addition to measuring the acoustic wave behavior in 
terms of the propagation time 𝜏𝜏 and the wave ampli-
tude value 𝐴𝐴 a third signal feature is noteworthy. The 
integral value 𝜎𝜎 describes the amplitude energy of the 
received signal 𝑥𝑥𝑖𝑖 in a time interval with a specific du-
ration 𝛥𝛥𝑡𝑡 (integral width) starting at 𝑡𝑡0. 

𝜎𝜎 = � 𝑥𝑥 𝑑𝑑𝑑𝑑
𝑡𝑡0+𝛥𝛥𝑡𝑡

𝑡𝑡0
 (Eq. 5) 

The so-called center of energy also referred to as decay 
time 𝛾𝛾 indicates the elapsed time until the decay of the 
measured signal 𝑥𝑥𝑖𝑖 to half its initial energy 

𝛾𝛾 =
1
𝑀𝑀
�𝑛𝑛 ∙ 𝑥𝑥𝑖𝑖

𝑛𝑛

𝑖𝑖=1

 (Eq. 6) 

with 𝑀𝑀 being the total energy of the signal in one eval-
uation interval. All of the abovementioned signal fea-
tures are extracted from the measurement every 
1.0 ms. 

4. Results and discussion 
This chapter discusses measurement results from the 
presented journal bearing test equipped with a SAW 
measurement system. Firstly, results from an experi-
mental pre-study are shown. The aim of the experi-
ments is a basic understanding of the nature of the 
SAW propagation behavior in a journal bearing and 
identified characteristic features of the measurements 
that can indicate mixed friction. Secondly, an approach 
for the determination of the oil film height using SAW 
measurement is discussed. 

4.1. SAW measurements during operation 
The experiment shown in Figure 10 demonstrates the 
load dependency of the SAW measurement. While 
maintaining a constant sliding speed 𝑣𝑣 the specific 
pressure 

𝑝̅𝑝 = 𝐹𝐹𝑁𝑁/(𝐵𝐵 ∙ 𝐷𝐷) (Eq. 7) 

was varied in four intervals between 5 and 60 MPa 
with a duration of 20 sec. per interval. The bearing’s 
sliding speed 𝑣𝑣 is kept constant at 0.3 m/s during the 
experiment. 

 
Figure 10: SAW measurement results under swelling loads 
and constant sliding speed (𝑣𝑣 = 0.3 𝑚𝑚/𝑠𝑠) 

The bearing temperature and thus oil viscosity is kept 
constant as well. The friction in the journal bearing per 
load step is indicated by the friction moment 𝑀𝑀𝐹𝐹𝐹𝐹  var-
ying from 2 to 12 Nm. 

The received signal x(t) corresponding to the experi-
ment shown above is presented in Figure 11. For the 
evaluation of propagation time 𝜏𝜏 and amplitude 𝐴𝐴 a 
particular phase in x(t) with a significant amplitude is 
chosen. In this experiment the gate is set at 𝑡𝑡𝐺𝐺 = 23 μs 
according to Eq. 3 (see also Figure 11). 

The integral value σ is evaluated over the time period 
that contains the mode in which the gate is set. The 
boundaries for the evaluation of the integral value are 
set be 10 μs and 30 μs capturing the first wave group 
in the received signal (see also Figure 11). 
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Figure 11: measured response signal 

The propagation time τ of the SAW is shown in Figure 
10. The measurements show a correlation between the 
applied load 𝑝̅𝑝 and the propagation time 𝜏𝜏. Another sig-
nificant observation is that both the signal of the am-
plitude 𝐴𝐴 and the propagation time 𝜏𝜏, are subject to a 
certain modulation. A closer look at the signals reveals 
that the carrier frequency of the modulation corre-
sponds to the rotational frequency 𝑓𝑓𝑁𝑁 of the shaft and 
thus the sliding speed 𝑣𝑣 of the journal bearing. The ef-
fect is shown in Figure 12. The modulation can be ex-
plained by the eccentric position of the shaft in the 
bearing. 

 
Figure 12: Periodic modulation of the propagation time 
and amplitude signals (𝑣𝑣 = 0.3 𝑚𝑚/𝑠𝑠) 

The modulation signal Δ𝜏𝜏 of the wave propagation 
time 𝜏𝜏 is shown in Figure 10. A clear correlation can 
be observed between the modulation width Δ𝜏𝜏 and the 
frictional moment 𝑀𝑀𝐹𝐹𝐹𝐹  resulting from the applied spe-
cific pressure 𝑝̅𝑝. The variance of the modulation width 
Δ𝜏𝜏  is between 10 and 20 μs. This can be explained as 
follows: 
When mixed friction occurs in the journal bearing, in-
dividual asperities of the bearing and shaft are in con-
tact. Consequently, the sound wave can propagate sig-
nificantly faster. This corresponds to the findings de-
scribed in [16]. The asperity contact events in a journal 
bearing are randomly distributed, which causes the 
wave propagation time signal τ to modulate strongly. 

One operating event in which journal bearings typi-
cally exhibit high levels of mixed friction is starting up 
from a standstill. Figure 13 shows an excerpt from an 
experiment in which cyclical start-stop processes are 
carried out under constant specific pressure (𝑝̅𝑝 =
10 𝑀𝑀𝑀𝑀𝑀𝑀 corresponding to a radial force 𝐹𝐹𝑁𝑁 of 36𝑘𝑘𝑘𝑘). 
The upper plot shows the sliding speed 𝑣𝑣 and the fric-
tion moment 𝑀𝑀𝐹𝐹𝐹𝐹 . It can be observed that the start-up 
under load causes a high breakaway torque (~150𝑁𝑁𝑁𝑁) 
which indicates high amounts of friction. The effect of 
modulation of the acoustic wave properties under the 

influence of friction is even more pronounced here. 
The modulation width of the wave propagation time 
Δ𝜏𝜏 is one order of magnitude greater than in the above 
shown experiment. The breakaway moment is caused 
by the high asperity contact. The intense mixed friction 
at the moment of breakaway causes a notable decrease 
of measured wave amplitude 𝐴𝐴 and integral value 𝜎𝜎. 

 
Figure 13: SAW measurement results under start-stop con-
ditions at constant load (𝑝̅𝑝 = 10𝑀𝑀𝑀𝑀𝑀𝑀) 

The observed behavior of the acoustic waves can be 
explained as follows: when the journal bearing is 
loaded with a constant radial force at standstill no oil 
film can be build up. This causes large amounts of both 
sliding surfaces to be in solid contact without a sepa-
rating oil film. This causes the acoustic wave energy to 
couple directly into the shaft material without any fluid 
film interaction, which causes the propagation time to 
drop drastically from about 42 μs to 40 μs (Cf. Figure 
10 with a variation of propagation time τ between 
42.3 μs to 42.15 μs). The start-stop operation shown 
in Figure 13, was carried out over a total duration of 9 
hours to evaluate the correlation of the SAW measure-
ment and running-in wear of the bearing. The time-av-
eraged trends of the friction moment 𝑀𝑀𝐹𝐹𝐹𝐹  and the prop-
agation time modulation Δ𝜏𝜏 are shown in Figure 14. 
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Figure 14: Time average trends of the friction moment and 
propagation time modulation during repetitive start-stop 
operation 

A decrease in the friction moment from the initial 
150 𝑁𝑁𝑁𝑁 to around 70 𝑁𝑁𝑁𝑁 can be observed. This indi-
cates running-in of the bearing. Similarly, the runtime 
modulation is also reduced over time. This emphasizes 
the assumption that the propagation behavior of the 
SAW is directly dependent on the amount of friction 
in the bearing. 

In summary the above shown results indicate that the 
SAW measurement is sensitive to mixed friction in a 
journal bearing setup. The propagation time modula-
tion width Δ𝜏𝜏 in particular appears to react especially 
sensitively to mixed friction. 

4.2. Oil film height classification 

For a CMS, separation-effective signal features are 
needed for the detection of mixed friction. In the above 
shown experiment the runtime modulation Δ𝜏𝜏, integral 
value 𝜎𝜎 and wave amplitude 𝐴𝐴 have been proven to be 
such features. A frequently discussed parameter that 
can be used to quantify the momentary condition of a 
journal bearing is the oil film height ℎ [24]. Different 
lubrication regimes in a journal bearing can be ex-
pressed by the specific oil film height Λ, which is the 
relation of the minimal oil film height ℎ𝑚𝑚𝑚𝑚𝑚𝑚 and the 
roughness values 𝑅𝑅𝑞𝑞,𝑖𝑖 of the sliding surfaces [24, 25]. 

Λ =
ℎ𝑚𝑚𝑚𝑚𝑚𝑚

�𝑅𝑅𝑞𝑞,1
2 + 𝑅𝑅𝑞𝑞,2

2
 (Eq. 8) 

Illner et al. suggest Λ =  3 for the smallest permissible 
value of the minimum specific oil film height for hy-
drodynamic operation [26]. For values below this 
threshold mixed friction can be expected. Monitoring 
the specific oil film height Λ is therefore a frequently 
addressed condition monitoring approach for journal 
bearings [17]. The suitability of a CMS can be assessed 
by the following two target values: low confusion 
(high classification accuracy) and low latency (fast re-
action time). In the following classification approach 
for the specific oil film height Λ based on SAW meas-
urements using a machine learning method is pre-
sented and evaluated with respect to confusion and la-
tency: 

Due to the effect of the leaky Lamb Waves in a solid-
fluid half space the distance covered by an acoustic 
wave theoretically is a function of the oil film height ℎ 
(Figure 6). Figure 15 shows two maps of averaged 
measured results at constant operating conditions for 
the center of energy 𝛾𝛾 (a) and integral value 𝜎𝜎 (b). The 
lower plot (c) shows the minimum oil film height ℎ𝑚𝑚𝑚𝑚𝑚𝑚  
calculated by means of an elasto-hydrodynamic (EHD) 
simulation of the test rig. 

 
(a) 

 
(b) 

 
(c) 

Figure 15: Measurement results for the SAW center of en-
ergy (a) and wave amplitude (b) and EHD-simulation re-
sult for the minimum oil film height of the bearing (c) 
By comparing the measurements to the simulation re-
sults it can be observed that with an increase in specific 
pressure 𝑝̅𝑝 and thus decrease in oil film height ℎ (and 
Λ value respectively) the SAW amplitude 𝐴𝐴 is reduced 
and smaller values for the center of energy 𝛾𝛾 can be 
observed. This corresponds to the findings described 
before. The measurements from Figure 15 are used to 
train a machine learning algorithm for the detection of 
different friction states. 

Since the specific oil film height Λ is an important in-
dicator for describing the friction state of a journal 
bearing, it is assumed, that SAW measurements can be 
used to detect different oil film heights and thus poten-
tially critical operating conditions.  
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In this work, a distinction is made between three dif-
ferent friction states expressed by Λ. These three states 
are described in Table 2. 

Table 2: Friction states to be distinguished by the classifier 
Specific oil film height  Interpretation 

1 > Λ Severe mixed friction 
3 > Λ > 1 Mild mixed friction 
Λ > 3 Hydrodynamic condition 

A classification algorithm based on a multi-layer per-
ceptron (MLP) neural network is trained to detect dif-
ferent values for Λ. Since this method is a supervised 
machine learning, the training data set must be labeled 
with the corresponding value for Λ at each data point. 
The labelling data 𝑦𝑦 is generated using the aforemen-
tioned EHD-simulation results. The generated labels 
are shown in Figure 16. 

 
Figure 16: Map for the specific oil film height 𝜆𝜆  

The neural network’s architecture is shown in Figure 
17. The input data 𝑥𝑥 to the classifier contains SAW in-
formation (integral value 𝜎𝜎 and runtime modulation 
Δ𝜏𝜏) as well as the sliding speed 𝑣𝑣 and bearing tem-
perature 𝑇𝑇. The sliding speed and temperature are 
used as additional input data to the classifier since they 
have a substantial influence on the oil film height ℎ. 

 
Figure 17: Schematic depiction of the multi-layer percep-
tron network used for state classification  

The measured data 𝑥𝑥 to the MLP-classifier is scaled 
according to (Eq. 9 to achieve a balanced input dataset. 

𝑥𝑥𝑖𝑖,𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠 =
𝑥𝑥𝑖𝑖 − 𝑥𝑥𝑚𝑚𝑚𝑚𝑚𝑚

𝑥𝑥𝑚𝑚𝑚𝑚𝑚𝑚 − 𝑥𝑥𝑚𝑚𝑚𝑚𝑚𝑚
 (Eq. 9) 

Several consecutive experiments are conducted on the 
test rig. Resulting in a training and validation dataset. 
For both training and validation two datasets from dif-
ferent test runs are used with an overall duration of ap-
proximately 3.5 ℎ including 36 different operating 
points each. After the generation of the labels the train-
ing dataset is resampled to remove class imbalance. 
This procedure generates a dataset containing an equal 
amount of datapoints for each friction state, which can 
increase the overall accuracy [27]. After training with 
the first dataset, the MLP-classifier is validated using 
the second dataset. The accuracy of the classification 
is one of the aforementioned target values for a condi-
tion monitoring system. The achieved accuracy on the 
validation dataset is shown in the confusion matrix in 
Figure 18. 

 
Figure 18: Confusion matrix of the friction state classifica-
tion using a multi-layer perceptron classification algorithm 

The more a confusion matrix resembles a diagonal ma-
trix, the better the classification result. Overall, each 
individual class is recognized with good accuracy. 
Only few datapoints are classified as false positives 
(upper right corner of the matrix). 

In addition to the above shown confusion matrix the 
overall accuracy 𝐴𝐴 of the classification is evaluated as 
the ratio of the number of correctly predicted data-
points 𝑛𝑛𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐  and the overall number of executed pre-
dictions 𝑛𝑛𝑦𝑦� . 

𝐴𝐴 =
𝑛𝑛𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐
𝑛𝑛𝑦𝑦�

 (Eq. 
10) 

After the training of the MLP classifier a test accuracy 
of 𝐴𝐴𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡 = 99.6 % is achieved. The classification ac-
curacy on the validation dataset reaches a score of 
𝐴𝐴𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣 = 89.9 %.  

In Figure 19 the signals of 𝑦𝑦 (label) and 𝑦𝑦� (prediction) 
over time are presented for an excerpt of the validation 
experiment. In the upper plot the specific pressure 
𝑝̅𝑝 and sliding speed 𝑣𝑣 are shown over time. The step-
wise decrease in load at constant sliding speed from 
180 sec. onwards causes the oil film height h to in-
crease (cf. Figure 15 a). An increase in oil film height 
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is favorable for the bearing and therefore the label 
value 𝑦𝑦 transitions from 1 > Λ (180 sec. to 290 sec.) 
to Λ > 3 (1250 sec. to 1400 sec.). For every datapoint 
in time measured during the test procedure the MLP 
classifier performs one corresponding classification. A 
low latency time is advantageous here, as mentioned 
above. At 180 sec. a rapid transition in the sliding 
speed 𝑣𝑣 (falling flank) and specific pressure 𝑝̅𝑝 (rising 
flank) occurs. This event causes a short period of con-
fusion in the oil film height prediction. This can be 
identified in the plot through the deviation of the sig-
nals for 𝑦𝑦 and 𝑦𝑦� between 180 sec. to 200 sec. 

 
Figure 19: Comparison between the label and predicted 
state over time  

It is assumed that such high dynamic load changes do 
not occur in the operation of wind turbines due to the 
high inertia of the drive train. For the remaining time 
of the shown test procedure a far more accurate predic-
tion is achieved. Between 200 and 1400 sec. both sig-
nal 𝑦𝑦 and 𝑦𝑦� coincide. 

Consequently, the prediction of the oil film height ℎ 
using the method presented in this work is valid pri-
marily for stationary operating conditions. A simulta-
neous transition in sliding speed and load remains 
challenging. 

5. Conclusion 
A reliable monitoring technique for journal bearings as 
planetary bearings in WT gearboxes is still subject to 
research. This work proposes a new approach for the 
condition monitoring of journal bearings using the 
SAW method, which is a technology already in com-
mercial use for numerous monitoring (e.g. rolling 
bearings) and inspection tasks (e.g. structural health 
monitoring). The main advantage of the presented 
method is the measurement of actively excited SAW 
on the bearing’s sliding surface since journal bearings 
have no natural excitation sources that could be used 
for monitoring purposes (compared to roller bearings 
and gear meshes). The waves are excited using piezo-
electric transducers and the amplitude and propagation 

time behavior of the waves passing through the bear-
ing’s load zone are measured. The active sound meas-
urement makes the method presented robust against 
acoustic interference. This distinguishes it from con-
ventional condition monitoring methods such as vibra-
tion measurement. 
The aim of this work is the successful application of 
the SAW method to journal bearings and the prediction 
of the oil film height of a journal bearing by means of 
a machine learning approach using SAW measure-
ments. 
Experimental studies are carried out on a component 
test rig for journal bearings under different load sce-
narios. The results show a good correlation between 
the measured friction moment and the characteristic 
features of the SAW measurements being wave ampli-
tude and propagation time. 
For the prediction of the oil film height, a machine 
learning approach was used. The MLP neural network 
was trained with measurement data from experiments 
on the journal bearing test rig equipped with the SAW 
measurement technology and then validated after-
wards. Training labels for the specific oil film height 
result from EHD-simulations of said bearing. It was 
shown, that a good accuracy (mean classification ac-
curacy 89.9 %) could be achieved with this approach. 
The presented approach works best for stationary con-
ditions and shows minor confusion during transient 
changes between operating points. 

6. Outlook 
This work’s data evaluation is solely done in a post-
processing. In future work the presented setup will be 
extended to feature real-time capable anomaly detec-
tion based on SAW measurements paving the way to-
wards an online CMS for WT gearbox journal bear-
ings. A fast detection of operational anomalies (e.g. 
shortfall of bearing lubrication or particle contamina-
tion in the lubricant) is of special importance since 
such events can lead to a rapid deterioration of the 
bearing [28]. 
Secondly the method will be transferred to a planetary 
journal bearing application. Since planetary journal 
bearings have a larger width-to-diameter ratio than the 
bearings investigated in this work, the acoustic cover-
age of the entire sliding surface of a planetary bearing 
still poses a challenge to be addressed. For these pur-
poses special gear stage test rigs for planetary journal 
bearings are eligible. 
Finally, the method will be applied in a full-size WT 
gearbox. Extensive tests on system level will follow. 
In these future studies, the remaining challenges for 
the in-situ monitoring of planetary gear bearings will 
be addressed. These include the energy self-suffi-
ciency of the measurement hardware and telemetric 
data transmission from the rotating gear stage in the 
gearbox to the turbine controller. 
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Abstract– This paper introduces a simple methodology to predict conflicts in grease-lubricated bearings basically 
due to the formation of complex structures related to the thickener. In high-speed bearings, especially outer ring 
rotating deep groove ball bearings (DGBB), centrifugal forces cause grease loss, affecting lubrication. This grease 
may randomly re-enter the contact zone through incidental vibrations. Hence, the re-entering appears to be crucial 
and is a matter of structural re-arrangements at low shear rates as being present in the starvation. Traditional rhe-
ometry overlooks temperature-induced structural rearrangements in grease. The study examines representative 
grease candidates (A, B, C, and D) to study the structural rearrangement related to the operational temperature in 
application. Our methodology highlights changes in the internal structure of the said greases at low shear rates 
varying the temperature. Future research will focus on predictive computations of grease performance related to 
WEC. 
Keywords – Lubrication, Bearings, Greases, White Etching Cracks, Rheometry 
                        

1. Introduction 
The purpose of lubricants is to support the prevention 
of damages that might occur in bearings. As such, they 
are established within the ISO 281 as a part of the scale 
factor aISO [1], which states that, in addition to factors 
describing the presence of impurities, the L10 life ex-
pectation is related to the replenishment of the contact 
zone by the lubricant. For White Etching Crack (WEC) 
failures it is well accepted, that, running a bearing un-
der boundary lubrication (κ < 1) is one of the critical 
factors in bearing operation that may lead to WEC [2] 
[3] [4]. Even more, when lubricating bearings with 
greases, the aspect of boundary lubrication due to 
channelling, churning and starvation caused by centrif-
ugal displacement of the grease under operation is of 
high importance. Solely bleeding oil out of the grease, 
as assumed to be important for bearing life may not 
always compensate these effects. Hence, in addition to 
oil bleeding properties, it is of importance to know 
how greases might be susceptible to starvation, espe-
cially at the operating temperature. Even more, as 
stated in early studies, greases might undergo complex 
structural transformations like hardening under tem-
perature [5]. As stated in [5] these structural related 
transformations are seen by the use of rheometrical in-
vestigations (cone to plate or plate to plate configura-
tion). This has brought us to study whether WEC dam-
age maybe caused by structural anomalies within the 
grease at the operational temperature. 

The current paper states a novel, but simple methodol-
ogy to predict conflicts that might appear in the life 
cycle of grease lubricated bearings. Greases in high-
speed bearings, namely outer ring rotating DGBB are 
exposed to high centrifugal forces leading to grease 

loss in the contact zone by slinging. This grease will 
stay out of the contact zone and will not contribute fur-
ther to lubrication. The re-entry of the grease from 
starving to the contact, is random and will happen in-
cidentally, e.g., by casual vibration. While standard 
rheometry simulates the shear and temperature related 
viscosity, less attention is paid on the aspect of the 
structural rearrangement caused by temperature and at 
low shear rates. Grease loss by centrifugal force dis-
placement in sensitive applications such as high-speed 
bearings may be crucial in regard to White Etching 
Cracks (WEC). As WEC amongst other causes, e.g. 
friction and static electricity the aspect of centrifugal 
force induced grease loss becomes also critical Fol-
lowing this aspect it is presented how to measure the 
changes in the “inner” structure of a grease, hence the 
propensity of grease availability in the contact zone by 
a simple methodology. The methodology applied to 
the measurements may be an important factor to pre-
dict conflicts that appear in the life cycle, namely 
White Etching Cracks (WEC) in grease lubricated 
bearings. 

2. Structural investigations 
In this study the leading hypothesis behind relates to 
the fact that greases which undergo a structural rear-
rangement by temperature, may lead to starvation and 
a lack of lubrication in the contact zone as shown in 
Figure 1. We have tried to determine the structural 
change of the grease at low shear rate as a function of 
temperature in order to prove the hypothesis. The men-
tioned changes in the grease structure are measured us-
ing a rheometer device. 
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Figure 1: left, failure state (grease unavailability); right, 
ideal state (balanced grease availability) 

2.1. Investigated greases 
Within the current investigations four greases (A, B, C 
and D) are examined with respect to their structural 
changes under temperature as a measure for the capa-
bility to prevent WEC, for example present in high 
speed DGBB automotive applications. The technical 
data of the greases are presented in Table 1. This table 
includes characteristics that are typically found in the 
data sheets of commodity greases. 

The greases are different within their base oil and 
thickener, but all are commodity standards. Grease A 
contains a synthetic base oil with a viscosity of approx. 
100 mm²/s at 40°C and a special lithium soap thick-
ener. Grease B is composed by polyalphaolefin with a 
viscosity of approx. 46 mm²/s at 40°C and calcium sul-
phonate complex soap as thickening agent. Grease C, 
also a polyalphaolefin base with the viscosity of ap-
prox. 30 mm²/s at 40°Cuses lithium soap as a thick-
ener. Lastly, Grease D, an ester-based lubricant with a 
polyurea thickener and the base oil viscosity of approx. 
80 mm²/ at 40°C. 
 
 
 
 
 

Table 1: Properties of the used greases. 

Characteristics Grease A Grease B Grease C Grease D 

Base oil Synthetic Polyalphaolefin Polyalphaolefin Ester 

Thickener Special lithium 
soap 

Calcium sul-
fonate complex 

soap 
Lithium soap Polyurea 

Kinematic viscosity of base oil, DIN 
51562-1, 40°C 

approx. 100 
mm²/s 

approx. 46 
mm²/s 

approx. 30 
mm²/s 

approx. 80 
mm²/s 

Viscosity Index, DIN ISO 2909 >130 >130 >130 >130 

Worked penetration, DIN ISO 2137, 
25°C, [min., max.] 

[265-295] 
x 0.1 mm 

[265-295] 
x 0.1 mm 

[310-340] 
x 0.1 mm 

[250-280] 
x 0,1 mm 

FAG rolling bearing testing apparatus 
FE9, DIN 51821-2 

B/1500/6000-
160 

F50 > 100h 

B/1500/6000-
140 

F50 > 100h 
n.d. 

B/1500/6000-
180 

F50 > 100h 

Dropping point, DIN ISO 2176, IP 396 >= 180 °C >= 270 °C >= 185 °C >= 250 °C 

Flow pressure, DIN 51805-2 < 1400 mbar 
at -40°C 

< 1400 mbar 
at -50°C 

< 1400 mbar  
at -50°C 

< 1400 mbar 
at -45°C 

Shear Viscosity 
DIN 51810-1, 25 °C, shear rate 300 s-1 
[min., max.] 

[4523-4086] 
Pa·s 

[4581-4367] 
Pa·s n.d. [4966-4382] 

Pa·s 

In the course of these investigations, we found, that 
grease A passes a WEC test related to an automotive 
application while greases B, C and D fail, as shown 
in Table 2.  The operational temperature at these 
tests reaches 120-130°C. The detailed results of 
WEC testing are confidential and not presented here. 
Obviously, the standard technical data do not corre-
spond with the propensity of these Greases toward 
WEC induced failures. 
 
 

 
Table 2: WEC test results at 120-140°C 

Grease WEC failure 
Grease A No 
Grease B Yes 
Grease C Yes 
Grease D Yes 
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2.2. Test device and methodology 
In this study, the structural characteristics of the 
mentioned greases were comprehensively investi-
gated using the Modular Compact Rheometer MCR 
302 by Anton Paar, as shown in Figure 3. The exper-
imental methodology employed a measurement sys-
tem consisting of a 25mm diameter cone with a pre-
cise 1° angle, paired with a flat plate. A shear rate of 
1 s-1 was maintained to induce controlled defor-
mation within the greases. The low shear rate reflects 
the conditions of a starved grease within a bearing, 
wherein shear stresses are virtually absent. This of-
fers insights into the structural behaviour unaffected 
by significant shear forces. 
A temperature profile ranging from 20°C to 150°C, 
with a controlled temperature ramp of 1°C per 5 
minutes, was employed. 
This approach enabled a systematic exploration of 
the thermal responses of the greases, contributing in-
sights into their structural properties under thermal 
environments. 

 
 

 

 

 
 

2.3. Expected grease behaviour 
As the dynamic viscosity describes the flow proper-
ties, it is an indicator of the flow behaviour back into 
the contact zone. It is expected that the dynamic vis-
cosity of the grease decreases by increasing the tem-
perature as shown in Figure 2. Greases with lower 
dynamic viscosity ensure a better availability. 
 
 
 
 
 
 
 

3. Results and discussion 
 
The test results are presented in Figure 4 to Figure 7 
within a temperature range in between 20°C and 
150°C under the given shear rate of 1 s-1. 
Figure 4 shows that the dynamic viscosity of Grease 
A decreases almost exponentially and thus comes 
very close to the expected behaviour as shown in 
Figure 2. Above temperatures of 120°C, the dynamic 
viscosity increases only slightly. 
Figure 5 illustrates that the dynamic viscosity of 
Grease B steadily decreases until it reaches a tem-
perature of 130°C. Beyond 130°C, the dynamic vis-
cosity rises steeply. 
Figure 6 shows that the dynamic viscosity of Grease 
C is almost similar to Grease A. However, just be-
fore reaching temperature of 120°C the dynamic vis-
cosity increases significantly. Notably, the dynamic 
viscosity of Grease C at 150°C is higher than at 20°C 
Figure 7 shows that the dynamic viscosity of Grease 
D decreases up to 80°C. The dynamic viscosity then 
changes with temperature, following a U-shaped 
curve with both exponential decrease and increase. 
It is worth noting that the dynamic viscosity of 
Grease D at 150°C is higher than at 20°C. 

Figure 2: Expected course of dynamic viscosity over tem-
perature 

Cone 
diameter: 25mm 

Flat plate 

Insulating cover 

Figure 3: Measurement device MCR 302 by Anton 
Paar. 
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Figure 4: Course of dynamic viscosity over temperature 
for Grease A. 

 
Figure 5: Course of dynamic viscosity over temperature 
for Grease B. 

Figure 6: Course of dynamic viscosity over temper-
ature for Grease C. 

 
Figure 7: Course of dynamic viscosity over temperature 
for Grease D. 

While Grease A shows a steep exponential drop over 
the temperature range, greases B, C and D undergo 
a steep ascent at approximately 100°C, exceeding 
even values at the start (C and D).  The ascent in 
Grease B is remarkable, however not as massive as 
seen in C and D, shown as auto scaled y-axis overlay 
in Figure 8. The measurements are repeatable from 
batch to batch and do not reflect a production mis-
match. 
Greases B, C and D cause massive WEC-related fail-
ures at an operating temperature of 120°C - 140°C, 
which occur within about 1/10 of the service life of 
L10 ISO 281. In contrast Grease A repetitively does 

not fail under the same conditions. It becomes appar-
ent that a factor indicating the unavailability of the 
grease must be integrated into the grease life model 

4. Conclusions and outlook 
A novel, but simple methodology to predict con-
flicts, probably due to the formation of self-organiz-
ing suprastructres that might appear in the life cycle 
grease lubricated bearings is presented. Greases in 
high-speed bearings, namely outer ring rotating 
DGBB are exposed to high centrifugal forces leading 
to grease loss in the contact zone by slinging. This 
grease will stay and not contribute further to lubrica-
tion. The re-entry of the grease from starving to the 
contact, is random and will happen incidentally, e.g., 
by casual vibration. While standard rheometry tries 
to simulate the shear and temperature related viscos-
ity (as G’ elastic modulus and G’’ viscous modulus) 
less attention is paid on the aspect of the structural 
rearrangement of a grease by temperature. Grease 
loss in high-speed bearings by centrifugal force dis-
placement may be crucial in sensitive applications 
related to WEC. As WEC is commonly attributed to 
marginal lubrication, friction and static electricity 
the aspect of centrifugal force induced grease loss 
becomes critical. It is notable that none of the stand-
ards, applied for characterization of the grease are 
showing the bias comparing Grease A (WEC pass) 
and Greases B, C and D (WEC fail). The methodol-
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Figure 8: Comparison of dynamic viscosity behaviour 
over temperature for greases A, B, C, and D. 
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ogy presented here shows the changes in their “in-
ner” structure by the formation and disruption of 
long-range interactions, that might occur by thermal 
and low shear motion. The current results are vali-
dated by test rig using outer ring speeded DGBB run-
ning at 120°C – 140°C leading to WEC for grease B, 
C and D while not for Grease A. The test rig config-
uration stays confidential for compliance reasons 
and not presented here. 
We are suggesting taking standard deviation on vis-
cosity-temperature curves as a measure for predict-
ing WEC. Such results are presented in Figure 9 by 
comparing the standard deviation for greases A to D 
with A as the lowest value and D as the highest re-
spectively. Further research, however, is needed to 
come to a concise understanding of WEC risk pre-
diction. 
 

 
Figure 9: Standard deviation of viscosity in the given tem-
perature range 
 
The reasons for grease unavailability in the contact 
zone require detailed investigation, as factors such 
as process chemicals (e.g., base oil, thickener) and 
the production process (e.g., heating and cooling) 
have an impact. It became apparent that a factor in-
dicating the unavailability of the grease has to be in-
tegrated into the grease life model. However, due to 
the many parameters that determine grease life, ma-
chine learning (ML) tools could be useful as a 
method in order to take all parameters into account. 
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ABSTRACT 

This paper provides novel analytical relationships for calculating the load and moment in a roller – race contact as 
a function of the crown profile, central contact deformation and relative roller – race misalignment, the novelty 
being the derivation of the moment. Past efforts, limited to the calculation of the load only and without misalign-
ment, are first summarized in a chronological or logical order. Hertzian non-truncated point contact calculations 
required the calculation of complex elliptical integrals, replaced herein by accurate curve-fitted factors called CA, 
CB, CD, CP, f1, f2 and f3 (function of the equivalent radii ratio k only) used for calculating the contact ellipse 
dimensions, deformation and maximum pressure as a function of a dimensionless load W and equivalent radius 
Rx_eq for example. Also, a line contact load was defined as a function of the deformation, equivalent roller length 
and outer race – housing thickness. An initial transition from point to line contact could be suggested as the contact 
gets truncated at high load. Then, a means of defining the deformation in each slice (using any profile), as well as 
the derivation of a linear load -deflection model is suggested. This suggestion offers the possibility of calculating 
analytically (via an integration) a first estimate of the roller load and moment in single crowned contact. The effects 
on the load and moment of the coupling between slices and pressure spikes at the edges of truncated contact have 
then been considered using miscellaneous numerical tools and results. The numerical results are used as reference 
for deriving an appropriate correction factor Coef3 (for the load) and Coef’3 (for the moment). Also, when no 
misalignment occurs, a single relationship (describing all cases ranging from point to truncated point and line 
contact) can be suggested for defining a dimensionless load function of a dimensionless deformation or truncation 
level.  Finally, a novel simplified numerical approach (called New Modified Teutsch) is also suggested for calcu-
lating the load and contact pressure (including pressure spikes) using any profile. 

1. OBJECTIVES
Calculating the rolling element – race contact load and 
pressure is an important step for correctly defining the 
bearing stiffness and bearing life. 
Standard bearing life can be described using simplified 
models based on a summation of the roller – race load 
raised to the exponent 4 for example or using the load 
and corresponding pressure in each contact slice, espe-
cially when the pressure distribution is skewed be-
cause of a relative race misalignment.  
More advanced numerical calculations also consider 
pressure spikes at the edge of the contact. Miscellane-
ous numerical approaches can be described when try-
ing to predict pressure spikes and it is obvious that 
CPU time increases when using analytical, slices and 
numerical approaches. 
Before calculating the bearing life, several iterations 
are required for solving the bearings-shaft-housing 
equilibrium and roller equilibrium between two races 
(on all loaded rollers). 
During these iterations, it is useful and CPU time ef-
fective to rely on analytical relationships for correctly 

describing the roller – race load and moment. Alterna-
tively, analytical relationships for calculating the load 
and pressure on all roller – race slices are also useful 
(when using complex profiles) before considering, at 
the end of this exercise, numerical approaches includ-
ing pressure spikes. 
Houpert developed several rolling element – race con-
tact models, the latest one offering the possibility of 
calculating analytically the load when single crown 
profile and zero misalignment are considered. Also, 
the effect on load of the pressure spikes and coupling 
between slices were considered. This coupling was in-
cluded via an appropriate correction factor called Coef, 
defined using a numerical tool (including pressure 
spikes) and an appropriate curve-fitted relationship. 
The objective of this paper is to pursue this analytical 
effort by including now misalignment when describing 
the roller load and moment (via refined factors Coef), 
directly on the contact when single crown profile is 
used, or on each slice when a complex profile is used. 
As said above, several approaches have been devel-
oped by Houpert and the authors thought that it would 
be useful to summarize them next in a chronological 
or logical order before describing the new model de-
veloped in the frame of this project.
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2. PREVIOUS MODELS
Miscellaneous models have been described distinguishing Hertzian point contact from line contact, and truncated 
point contact. The use of analytical relationships versus the use of contact slices can also be mentioned. 

2.1. Non-truncated point contact (standard point contact) 

Standard Hertzian point contact calculations have been described by Tripp [1] or Dalmaz [2]. 
The point contact geometry is described by 4 radii Rx1 , Ry1, Rx2 and Ry2  or their curvatures  (inverse of radius), the 
index x corresponding for example to the rolling direction. Rx1 and Ry1 are used for describing the rolling element 
radii, always positive, while the race radius Rx2 is positive for the inner (convex contact) and negative for outer 
race (concave contact) respectively. Ry2 describes the lateral race radii, positive for a TRB (Tapered Roller Bearing, 
convex contact) and negative for a BB or SRB (Ball Bearing or Spherical Roller Bearing, concave contact).   
Four curvatures are therefore used by Hertz, but Houpert suggested in Ref. [3] to use two equivalent radii and their 
ratio k: 

_

_ 1 2 _ 1 2 _

1 1 1 1 1 1 y eq

x eq x x y eq y y x eq

R
k

R R R R R R R
     (1) 

The elastic contact is described by an ellipse of dimensions a and b, a being larger than b when b defines half of 
the contact width in the rolling direction in a rolling element – race contact. Of interest to us is the calculation of 
the contact dimensions, but also contact pressure Pmax and deformation max to calculate as a function of the applied 
load Q and contact geometry. 

Inputs in Hertz initial calculations are the sum of the curvature as well as the ratio  = a/b. 

Hertzian calculations have been done as a function of the parameter F() and two elliptical integrals, E and F: 

 1

1 2 1 2 _ _ _

1
1 2 1 2 _ _

1

_ _

1 1 1 1 1 1 1
. 1

1 1 1 1 1 1

1
( )

1 1 1

x x y y x eq y eq x eq

x x y y x eq y eq

x eq y eq

k
R R R R R R R

R R R R R R k
F

k
R R












       

   


  






(2) 

1 1

2 2
2 2 2 2

2 2
2 2

0 0 0 0

(input)

1 1
1 1 .sin . 1 1 .sin .

a

b

E dE d F dF d

   



   
 





                         
   

 (3) 

Hertz showed that the contact dimensions, maximum contact deformation and pressure are finally defined by: 
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and with a*, b*, and d* defined as a function of the elliptical integrals and the input  = a/b: 
1 1

*3 3
* 2 * *

2

2.
2. . .

2. .

E a F
a b

E

 
   

           
   (5) 

Using the k ratio and equivalent radius ratio Rx_eq, one can introduce Houpert’s factors CA, CB, CD and CP (only 
function of k) used for calculating a, b,  and Pmax as a function of the non-truncated dimensionless load WNT: 
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In his initial effort, Houpert [3] did not calculate any elliptical integrals but simply used Dalmaz’s results [2] giving 
in a table a*, b* and d * as a function F(). The corresponding k values (defined using eq. (2) were ranging from 1 
to 13577. Houpert curve-fitted in [3] the corresponding four factors CA, CB, CD and CP as a function of k, in three 
ranges of k, perhaps not well selected since k is of the order of 25 for ball bearings range, 300 for spherical roller 
bearings, 1500 for tapered or cylindrical roller bearings and 15000 for needle roller bearings. 

Figure 1 : Simplified curve-fitting of the factors CA, CB, CD and CP initially suggested in [3]. 

Later on, Houpert calculated himself in [4] the two elliptical integrals E and F in a very large range of k, see for 
example Fig. 2 and 3, via a summation of the dF and dE values in each slice plotted next as an example 
corresponding to k=1*107. A sharp increase of dF can be noticed near =/2, explaining why the integration has 
been conducted using 10000 slices in two ranges or two steps, see the appendix of [4], the last range corresponding 
to  values close to /2, see the following Figures. 
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Fig. 2: dF/d & dE/d distribution for k = 1*107 as shown in [4] 

Fig. 3: dF/d  distribution for k = 1*107 using a log scale 

The calculated integrals can be compared to some asymptotic analytical values of ETripp  and FTripp defined by Tripp 
[1] using expansion series expansion valid at large  values only.

For large  or k values only, Tripp suggested indeed two analytical relationships for calculating E and F:
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(7) 

Houpert has also been able to impose in [4] the k ratio as input. The previous input ( /a b  ) is then an unknown 
that can be calculated using iterations on  until the new value of   is equal to the previous one used for defining 
E and F: 
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          (8)  

 
The next figure shows the accuracy of Houpert’s numerical integration versus Tripp’s analytical solution. 
 

 
Fig. 4: Difference of Tripp’s results to those obtained using a numerical integration in two steps; [4] 

One sees that Tripp’s error is large (of the order of 10%) when k is very small (which is expected) and that Hou-
pert’s numerically calculated integrals is equal to Tripp’s ones (error < 1*10-10) when k is of the order of 3000. 
Above this value, the relative error increases versus k because of the limitation of the numerical integration, indi-
cating that Tripp’s solution can or should be kept when k > 3000. 
The following very accurate table, taken from [4], can therefore be suggested: 

 
Table 1: Results obtained using the two-step integration process and Tripp’s models when k > 3000  

FINAL Proposal using  two steps integration and Tripp's results when k > 3000

k CA CB CP CD r f1 f2 f3

1.00E+00 1.14471424 1.14471424 0.36437386 1.31037070 1.4142 0.50000000 2.00000000 0.66666667

5.00E+00 2.46053706 0.85134358 0.22793269 0.96781720 1.2643 0.31494739 5.00222517 1.05029184

1.00E+01 3.33986185 0.74228269 0.19259435 0.83322566 1.2223 0.26950705 7.31774349 1.31478896

1.50E+01 3.97089212 0.68467792 0.17561717 0.75999140 1.2025 0.24852180 9.10990283 1.50933965

2.00E+01 4.47978509 0.64655670 0.16484569 0.71072964 1.1902 0.23555897 10.62759414 1.66895012

2.50E+01 4.91342257 0.61851121 0.15711212 0.67411249 1.1816 0.22643564 11.96872603 1.80676406

5.00E+01 6.51084808 0.53937279 0.13596114 0.56937293 1.1589 0.20231444 17.25715303 2.32758086

7.50E+01 7.65098079 0.49822729 0.12525549 0.51436526 1.1481 0.19057789 21.33591598 2.71076928

1.00E+02 8.56832945 0.47112118 0.11828035 0.47805893 1.1412 0.18309803 24.78480088 3.02536546

1.50E+02 10.03544718 0.43562375 0.10921772 0.43058469 1.1325 0.17356652 30.58703869 3.53925718

2.00E+02 11.21529527 0.41221732 0.10327720 0.39941868 1.1270 0.16742572 35.49167710 3.96147977

2.50E+02 12.21896450 0.39500829 0.09892380 0.37662196 1.1231 0.16297509 39.82094651 4.32654813

3.00E+02 13.10133968 0.38152865 0.09552093 0.35885723 1.1200 0.15952320 43.74061196 4.65176168

4.00E+02 14.61741123 0.36126617 0.09041565 0.33234251 1.1155 0.15438493 50.71162320 5.21940687

5.00E+02 15.90668494 0.34635345 0.08666469 0.31300298 1.1122 0.15063750 56.86374232 5.71054147

7.50E+02 18.53194145 0.32093108 0.08028024 0.28045362 1.1068 0.14430431 69.98748602 6.73299723

1.00E+03 20.64104761 0.30411515 0.07606268 0.25926943 1.1032 0.14014519 81.07483456 7.57483225

1.25E+03 22.43391678 0.29172286 0.07295681 0.24386336 1.1006 0.13709121 90.85771703 8.30386271

1.50E+03 24.00922260 0.28199847 0.07052069 0.23190916 1.0986 0.13469928 99.71239398 8.95412491

1.75E+03 25.42388151 0.27404636 0.06852917 0.22222892 1.0970 0.13274520 107.86276927 9.54551016

2.00E+03 26.71409639 0.26735087 0.06685275 0.21414898 1.0956 0.13110063 115.45492918 10.09080897

2.50E+03 29.01273490 0.25654714 0.06414836 0.20125597 1.0934 0.12844695 129.34340063 11.07584397

3.00E+03 31.03197496 0.24806372 0.06202528 0.19126505 1.0917 0.12636192 141.91281072 11.95491713

4.00E+03 34.49819571 0.23527614 0.05882570 0.17644312 1.0891 0.12321403 164.25704841 13.49251507

5.00E+03 37.44302076 0.225837215 0.056464436 0.165699204 1.0871 0.120884317 183.9673121 14.82584193

7.50E+03 43.43223094 0.209691781 0.052426135 0.147742567 1.0839 0.116880883 225.9900473 17.60927753

1.00E+04 48.23784308 0.198974222 0.049745831 0.136139846 1.0817 0.114205792 261.4720362 19.90774728

1.50E+04 55.90271418 0.184832185 0.04620946 0.121251917 1.0789 0.110647029 321.0839401 23.684656

5.00E+04 86.38684272 0.148687643 0.037172255 0.085680874 1.0715 0.101328071 590.2495361 39.8725647

1.00E+05 110.8118104 0.131282444 0.032820764 0.070013827 1.0679 0.096669929 837.5758337 53.97893067

5.00E+05 196.8368809 0.098502499 0.024625648 0.043596129 1.0608 0.08739908 1885.439089 109.8570946

1.00E+06 251.7627473 0.087097332 0.021774343 0.035485213 1.0582 0.083950324 2672.992597 149.5990631

5.00E+06 444.6916228 0.065534682 0.016383672 0.021922461 1.0529 0.07693306 6006.815447 308.0817944

1.00E+07 567.6039966 0.058006673 0.014501669 0.017791102 1.0509 0.074269923 8510.871175 421.4011625
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Also shown in the latter table are the ratio r and the factors f1, f2 and f3 explained later. 

2.1.1. Curve-fitting of all factors: 

Single powerful curve-fitted relationships, valid in the entire range of k has also been suggested in [4]. 

Each factor can be calculated using: 

2 3 4 5 6
0 1 2 3 4 5 6. . . . . .

1 * ln( )a a X a X a X a X a X a X
cf kV V k with X k     

  (9) 

and: 

Table 2: Curve-fitted results obtained using the very large k range (kmax = 1*107). 

Simplified curve-fitted relationships can of course be suggested when narrowing the k range. For example, when 
using 5 < k < 50 (applicable to ball bearing), Houpert recently suggested in [5]: 

0.4227 0.198 0.23 0.224

5 50 ( ) :

1.2568* 1.1716* 1.4116* 0.3243*

For k applicable to ball bearing

CA k CB k CD k CP k  

 

   
(10) 

In summary, when studying non-truncated point contact, the following relationships are suggested: 
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_ _

1 1 2 1
max max3 3 3 3

_ _ _

1
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_
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.

1
. .
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y eq
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eq x eq x eq
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x eq
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CAW CBW CDW CPW
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fa
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R CD R R







 

   

 
   
 

 
   

 

1 1

2 2
max max max

_ max
_ _ _

1 1
. . . . . .x eq

q x eq x eq eq x eq

Pb
R CB CP

R CD R E CD R

 
   

       
   

(11) 

In the latter, a, b and Pmax are also defined as a function of max, a useful point used later. 
The Hertzian non-truncated point contact stiffness is non-linear and can be easily derived using: 

3
0.5 32

_ 1.5 1.5max 2
max 3 _ max max3

_ 2

.1
. . . . . .eq x eq

NT eq x eq PC
x eq

E R
W Q f E R K

CD R
CD

   
 

     
 

    (12) 

Note also the introduction in the previous relationships of some useful factors (f2 and f3) described and curve-fitted 
in Table 1 and 2 respectively, factors that will be used later for calculating a and Q as a function of .  
It is also useful to mention that the mean contact pressure is equal to Pmax/1.5 while the contact area is equal to 
.a.b, leading to: 

FINAL Proposal using  two steps integration and Tripp's models when k > 3000

kmax = 1.00E+07

V_k=1 a6 a5 a4 a3 a2 a1 a0 ABS(error)_max

CA 1.1447E+00 -1.7054E-08 9.2012E-07 -1.8076E-05 1.2668E-04 6.6073E-04 -1.8774E-02 5.0359E-01 8.76E-04

CB 1.1447E+00 2.1284E-08 -1.3952E-06 3.7742E-05 -5.4190E-04 4.3627E-03 -1.7831E-02 -1.6456E-01 4.41E-04

CP 3.6437E-01 -4.2305E-09 4.7513E-07 -1.9666E-05 4.1523E-04 -5.0234E-03 3.6605E-02 -3.3903E-01 4.34E-04

CD 1.3104E+00 -5.4492E-09 2.7437E-07 -4.3875E-06 -2.3270E-06 9.8797E-04 -1.5832E-02 -1.6530E-01 3.07E-04

f1 5.0000E-01 2.2503E-08 -1.1945E-06 2.2464E-05 -1.2435E-04 -1.6487E-03 3.4605E-02 -3.3829E-01 1.18E-03

f2 2.0000E+00 -1.4329E-08 7.8294E-07 -1.5882E-05 1.2784E-04 1.6675E-04 -1.0858E-02 5.8625E-01 7.22E-04

f3 6.6667E-01 8.1738E-09 -4.1156E-07 6.5813E-06 3.4905E-06 -1.4820E-03 2.3747E-02 2.4796E-01 4.61E-04

6 5 4 3 2
6 5 4 3 2 1 0. . . . . .

1

ln( )

* a X a X a X a X a X a X a
cf k

X k

V V k      





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2max
_

2 2
. . . . . . . . . . . . . . .

1.5 3 3

2
. . . . 1

3

eq x eq NT

P
Q a b E R CP CACBW CP CACB Q

CP CACB

  



   



(13) 

The latter product will be used in eq. (30). It can also be used for checking in Table 1 the accuracy of CP, CA and 
CB whose product should be equal to 1.5/. 

2.2. Line contact 

Line contact relationships are available for the contact half width b and maximum pressure Pmax, but not for the 
elastic deformation  (assumed uniform along the contact length): 

max

_ _

8
.

2. . .
LC

LC LC
eq x eq eq x eq

P W b Q
W W

E R E R L 
   (14) 

where L is the effective race or roller length and WLC the dimensionless load. 
Several semi-empirical relationships are described in [3] (published by Timken, FAG or Harris) leading to sur-
prising variations (of the order of 30%) of the calculated deformation in some selected examples. The most widely 
used relationship is the so-called Palmgren relationship which reads (when studying a single roller – race contact 
and assuming the deformation at both contact to be equal): 

0.9
0.8 10

0.9 9
0.8

1
2.59* . 0.347 * . .Palmgren Palmgren eq

eq

Q
Q E L

E L
 

 
   

 
(15) 

In the latter relationship, the equivalent Young modulus Eeq, initially missing, has been introduced and fixed to 
2.261*105 N/mm2. 
The Palmgren load will be shown later as slightly too large in the examples considered. 
More rigorous calculations of the deformation in line contact have been conducted by Houpert in [3] using some 
analytical models suggested by Tripp [1]: 

The deformation of a rigid cylinder on an elastic half space reads: 

2
1 1 1

1
1 1

2.(1 ). 2.
. ln

. 2.(1 )

Q d

E L b

 
 

         
(16) 

while the deformation of a rigid flat surface on an elastic circular cylinder is: 

2
2 2

2
2

2.(1 ). 2. 1
. ln

. 2

Q d

E L b



      

  
(17) 

so that the total roller - race deformation is equal to d1+d2. 
In the latter, d1 and d2 represent the depth corresponding to zero deformation.  
d2 has been defined in [3] as equal to the roller diameter (although one could debate if the roller radius should be 
used instead of the diameter, but the effect of d2 on  will be shown as small) while d1 has been defined as equal 
to the inner race diameter (again, one could debate if the inner race radius, instead of the diameter, should be used). 
When studying the roller – outer race contact, d2 can also be fixed as equal to the outer race – housing section 
thickness t, an interesting novelty although the effect of t on  will be shown to be small. 
By scanning on some dimensionless terms and curve-fitting the results obtained, the following relationships have 
finally been suggested in [3]. 
At the roller – inner race contact: 

0.93110.0689 0.074

1.074cos
3.3576* . 0.2723* . . .

cos .
m i

i eq i
i eq m

d Q
Q E L

E L d

 


    
          

     (18) 

showing a small effect of the bearing pitch diameter dm and roller – inner race contact angle αi.  
Also, the final exponent applied on the deformation is now 1.074 instead of 1.111 usually accepted. 
At the roller – outer race contact, the deformation has been defined as a function of t and validated experimentally: 
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0.07236 0.078

0.9276
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3.2734* . 0.2785 . . .
.cos. 1
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oeq

m

D

dQ t
Q E L

DE L t
d



 

       
               
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  (19) 

showing a minor effect of the outer race – housing section thickness t. 
In summary, the Hertzian line contact stiffness is slightly non-linear and can be written: 

. n
L CQ K                   (20) 

where miscellaneous models are available for defining KLC and n, with n being of the order of 1.1  
 

2.3. Truncated point contact load; initial model 

Houpert studied in [3] a standard roller – race contact using a single crown equivalent radius (or k ratio) and 
effective roller length L. 
When increasing the deformation, the contact ellipse length 2*a increases until reaching its maximum length L. 
When further increasing the deformation, the contact is truncated and calculating the load ‘exactly’ requires a 
numerical approach with a double integration of the pressure over the contact area: 

2 2

1 ( , )
( , ) . . '. ' ( , ). ( , )

2. . ( ') ( ')
j iA

P x y
x y dx dy A i j P i j

G x x y y





 
   

  (21) 
where G is the elastic shear modulus. 
Several authors (for example Hoeprich [6], Cretu [7], Reusner [8] and Guo [9]) developed appropriate numerical 
tools.  Using a few examples, the authors had the opportunities of comparing their analytical results to some nu-
merical results obtained initially by Cretu and Hoeprich and later, in the frame of this project, Reusner and Guo, 
see Table 4 given next in chapter “5.NEW MODELS”. Showing the details of the numerical models and results is 
not the scope of this chapter devoted to simplified analytical approaches for defining the load. It can however be 
said that similar results have been obtained using for example Hoeprich’s tool (called CST), Cretu’s tool and Guo’s 
tool. 
As described in [3], when zero misalignment is assumed, Hoeprich also suggested a simplified approach for cal-
culating analytically the load above a certain transition level defined by the deformation T and the load QT. 

The deformation T corresponds to the deformation where the point contact local slope (dQ/d) is equal to the line 
contact one leading to: 

0.5 1

1

1.5
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. . . .

n
PC T LC T
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nLC

T T PC T LC T PC T
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 
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 
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 

   (22) 

Below T, a standard non-truncated point contact occurs. Above this value, the behavior tends towards a line con-
tact. To avoid any discontinuity at the transition, use is made of a load translation Q by writing: 

1.5
_

_

: .

: .

T PC LC PC PC

n
T PC LC LC LC

if Q Q K

if Q Q Q K Q
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  

  

      
      (23) 

The following figure shows a TRB example extracted from [3] with a satisfactory match between Cretu’s numer-
ical results and the simplified suggested truncated point contact load calculated analytically, the selected line con-
tact model being described by eq. (18). 
It should however be reminded that this simplified approach can only be used when no roller – race misalignment 
occurs. Also, a minor inconsistency will be demonstrated later, the inconsistency being that the load of transition 
does not exactly correspond to 2*a=L at the transition. 
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Fig. 5: Example of load calculated using a non-truncated and truncated point contact initial model. 

 
In the latter, QCretu corresponds to the numerical solution while QPC_LC has been obtained using the previously 
defined point to line contact transition model with QLC described using eq. (18). 
 

2.4. Load in slices 

Let’s first calculate the load dQ on a slice of width dy and located at the contact center submitted to the maximum 
deformation max. 

Using equation (11), we know that Pmax and b can be calculated as a function of max so that the load dQ in this 
center slice is a linear function of the maximum deformation. 
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     (24) 

Note in the latter the introduction of the factor f1, shown in Table 1 and curve-fitted in Table 2 as a function of k. 
One will now demonstrate that the latter linear load – deformation relationship can be used in any slice (providing 
the deformation in each slice is known) for retrieving the final load applied on the point contact. This final load is 
obtained by an analytical integration and will be shown equal the non-truncated Hertzian analytical load, a non-
linear function of the central deformation. 

For calculating the deformation in any slice, one can use as a starting point the geometrical interference  calcu-
lated at any abscissa y using a single crown radius Ry_eq=k*Rx_eq with no misalignment: 

2 2

max max
_ _
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2. 2.
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   (25) 

The geometrical length Ageom can be compared to the elastic length a, via their ratio r: 

 
1

2
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2. .
. . geom

x eq

ACA k CD
a R r

a CACD
       (26) 
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One sees that the geometrical interference is nil at abscissa y=Ageom while the elastic deformation is nil at the 

abscissa y=a. The ratio r = Ageom/a is always larger than 1, decreasing from 2 to 1 as k increases from 1 to 
infinity, see table1. 
It is possible to estimate the deformation at any abscissa and to retrieve a deformation nil at abscissa a by replacing 
the abscissa y by the product r.y, leading to: 

 2

max
_

.

2. y eq

r y

R
            (27) 

Using the latter, one can test the use of the linear relationship applied in any slice. 
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Using  
_ m a xA . 2 . . .g e o m x e qr a k R   , one obtains after integration: 
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Using now WNT and eq. (11), one obtains: 
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    (30) 

The latter demonstration is important because it shows that a linear load – deformation model can be used for 
calculating analytically the load dQ, moment dM as well as, after an analytical integration, the final load and 
moment. The corresponding maximum contact pressure (using the Hertzian point or line contact model) can also 
be calculated in any slice:  
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     (31) 

knowing that Ppc ≈ Plc at large k ratios, because: 

2. 1pc

lc

P CP

P CB
             (32) 

As explained above, this linear model will be used next in truncated contact with or without misalignment for 
deriving, via some analytical integrations, appropriate analytical load and moment relationships. 
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Note that the suggestion of using the product (r.y) instead of y also applies to any profile (LOG profile multi radii, 
also called MRD, profile for example), the ratio r being then defined using the main crown radius often describing 
60 % of the contact. 

maxProfile= ( ,  ) ( ,  . )f geometry y f geometry r y       (33) 

A LOG profile is a kind of optimum profile corresponding to a uniform pressure distribution along the roller – 
race contact length. It applies however to a specific load value and no misalignment. 
An MRD profile is described using 4 radii and 3 lengths and offers more flexibility for controlling the contact 
pressure. 
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      (34) 

 
An Example of LOG and MRD profile has been given in [10], knowing that it is always possible to define a MRD 
profile replacing a LOG one as shown in the next Figure: 

 
Fig. 6: Example of MRD profile duplicating a LOG profile, as shown in [10]. y corresponds to Profile and x corresponds to y 
in this paper. 

 
Detailed analytical relationships describing an MRD profile are not shared in this report to avoid any potential 
confidentiality issues. 
In the above Figure (extracted from [10], y and x represent the profile and abscissa respectively. They should be 
replaced by Profile and y respectively in this paper. 
 

2.5. Initial analytical load in truncated point-contact including or not misalignment. 

This exercise was initially conducted by Houpert in [12] using the geometrical interference and then in [10] using 
the elastic deformation via the use of the product (r.y). 



Houpert et al. - Bearing World Journal Vol. 8 (2024) page 31 – page 61 

42 

When using the relative roller – inner race misalignment (roller tilt considered positive when rotating counter-
clockwise), the final deformation at the roller – inner race contact reads: 

2

0
_

( . )
.( . )

2. y eq

r y
r y

R
              (35) 

As a reminder, y is the axis along the roller length going from left to right (or along the large contact ellipse) while 
x and z are the axis used along the small contact ellipse and equivalent profile height respectively, z going from 
the bottom to top when drawing the roller on the inner race for example. A positive roller rotation around the x 
axis corresponds to a counterclockwise rotation, the y axis rotating towards the z axis. 

Contact ellipse truncation can occur when the geometrical interference 0 at the race center is too large for exam-
ple. 
The contact left and right boundaries are then defined by: 
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 (36) 

When using an MRD profile and its four radii in four zones, the left and right contact boundaries as well as the 
corresponding load obtained by integration of the load in four zones can be calculated analytically too (the bound-
aries are the root of a polynomial degree 2 equation.  
Alternatively, a summation of the load dQ in 101 or 1001 slices for example can be recommended because of its 
simplicity and applicability to any profile. 
The following Figure, extracted from [10] shows as example the contact pressure calculated in an SRB using zero 
misalignment and two profiles: a single crown radius (defined by the osculation ratio) or the same one but with a 
drop radius at the edge of the roller. 

 
Fig. 7: Example of pressure distribution calculated in an SRB, extracted from [10]. 

 
When using a single crown profile, the load and moment (applied on the roller around the inner race center I) in 
each slice can be integrated analytically for obtaining: 
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 (37) 
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where  is the relative roller – inner race tilting angle. The latter should be considered as the initial analytical load 
and moment relationships because the coupling between slices, as well as pressure spikes, are not included. 
At this stage of the study, it is interesting to demonstrate that, when studying very truncated point contact, the 
corresponding maximum contact pressure is close to the ideal line contact pressure. 
When no misalignment is considered, the truncated point contact load can also be written: 
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 (38) 
Note that we lost the exponent 1.5 applied on the deformation because of the severe truncation considered.  
The corresponding truncated maximum point and line contact pressure values or analytical relationships become 

then very similar, thanks to the approximation 2. 1
CP

CB
  used in the next equations. This demonstrates the 

possibility of describing line contact results using a truncated point contact model: 
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  (39) 

In the latter first approach, the moment has been calculated relative to the race center point I, an approach recom-
mended for TRB with the roller seated in the race-rib (or flange) corner. 
When studying SRB, a second approach can also be used as suggested in [10] since roller tilt induces a shift of the 
contact ellipse (due to roller rocking). Exact calculations of the roller axial shift and contact ellipse shift can be 
conducted by following the centers of curvature of the roller and races as done by Houpert et al. in [11]. But a 
simplified approach has been suggested in [10] for calculating this shift without including the ratio r at this time. 
Including now this ratio r (for keeping a certain consistency with eq. (35)), the abscissa corresponding to the 
maximum elastic deformation is equal to the abscissa of the shifted contact ellipse center. Misalignment can then 
be included for defining the shift and maximum deformation, as well the left and right contact boundaries (function 
of the shift, hence misalignment). The subsequent SRB load and moment can then be calculated with zero misa-
lignment. For example, at the roller – IR contact: 
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     (40) 

In the latter, the index NT means non-truncated and is used for calculating the non-truncated ellipse dimension a 
defined as a function of the maximum deformation, see eq. (38).  
Y is a dimensionless abscissa equal to y/aNT. 
The SRB roller load and moment (calculated around the contact ellipse center CI or race center I) corresponding 
to this second approach are then: 
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     (41) 

Note that the latter relationships are incomplete (the correction factor Coef, described later, is missing) although 
benchmarked relatively successfully in [10]. The accuracy was about 10% and considered satisfactory at this time 
when comparing our results against the numerical TRB and SRB results calculated using Hoeprich’s tool CST as 
reference. The next Figure shows the calculated load in a TRB and SRB example: 

 
Fig. 8: Example (derived from [10] of load calculated using a TRB and SRB example. 

 
The Palmgren line contact load is also shown (as too large) in the latter figure, as well as the load calculated using 
the initial point to line contact transition model with an appropriate outer race - housing section thickness t. 
Also shown in the latter Figure is the calculated numerical load Q_Teutsch (including pressure spikes) described 
later. 

2.5.2. Introduction of the correction factor called Coef: 

What is missing in all latter relationships is the introduction of a correction factor called Coef, introduced in [4] 
and accounting for additional truncation effects on the load and moment, effects due to the coupling between slices 
and existence of pressure spikes at the edges of the contact. 
Ref. [4] is mainly describing the load calculated in truncated point contact using a single crown radius and no 
misalignment. 
The index NT is used for describing what the contact ellipse dimension a and the load Q would be when calculating 
them as a function of the deformation max (and not limiting the contact boundaries because of the finite roller or 
race length). 
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Also, a dimensionless deformation D and truncation level T have been introduced in [4]: 
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In which T is limited to 1 when no truncation occurs. 

o is the deformation at abscissa y=0, hence equal to max when no misalignment occurs. 
The previously described non-truncated or truncated point contact load (without using the factor Coef) then reads: 
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       (44) 

The initial problem discovered in [4] is illustrated by the following Figure in which a scan on D and k has been 
conducted. 

 
Fig. 9: Initial results obtained when scanning D and k (without using the correction factor Coef). 

 
As expected, for a given deformation D, the load and contact stiffness are increasing when increasing the k ratio 
(at small to moderate k ratio), but an unacceptable drop of load is observed at large k ratio when the truncation 
level exceeds 1.85 
For solving this problem, CST results have been used as reference for studying a cylinder-on-cylinder reference 
case (Rx_eq = 10 mm, L =30 mm) subjected to a constant deformation (o =0.045 mm, D=5*10-4) with a k ratio 
(hence equivalent crown radius) varying from 1 to 13577. When k exceeds 313, the contact gets truncated. 
When conducting this exercise, one can confirm the drop of load above a certain truncation level and introduce 
the ratio Coef = QCST/Qpc_trunc to curve fit versus the truncation level T for matching the new or corrected analytical 
truncated point contact load (including the correction factor Coef) to the CST load. 
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Fig. 10: New results obtained using Coef and scanning on k only, with D fixed to 0.0005 

 
For information, the calculated Palmgren load (which does not account for the k ratio) is equal to 51405 N in this 
case, hence about 7.7% larger than the numerical CST load at the largest k value. 
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      (45) 

 
When using Coef and scanning on k and D, one now obtains the following two Figures: 

 
Fig. 11 : When using Coef and scanning on k and D, one obtains the following two Figures: 
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Fig. 12: The new dimensionless load (using Coef) obtained when scanning on k and D 

 
Also shown in the latter Figure are: 

 the Palmgren load (upper curve) 
 a new suggested line contact load (Q_lc_CST described later) 
 the loads Q_pc_lc_CST, dotted line curves, calculated with eq. (23) and accounting for a smooth transi-

tion from point to line contact load. 

The latter perfectly matches the new truncated point contact load. As demonstrated above, the Palmgren load is 
again too large. 
Also, using now the new suggested truncated point contact load (including the factor Coef) and our last TRB and 
SRB example, the match with CST results becomes excellent. 

 
Fig. 13: Results obtained with the newly suggested model (with the correction factor Coef) 
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Note that the factor Coef also needs to be included when calculating the load dQ, pressure P and half width b in 
each slice (for retrieving the final load) leading finally to: 
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When using single crown profiles and ignoring pressure spikes, the pressure can finally be approximated at any 
(x,y) point using: 
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 (47) 
When truncation occurs, the y values are of course limited to ± L/2. 
A double integration of P(x,y).dx.dy leads to the appropriate load Q. 
Once the load dQ is known, the maximum pressure in any slice can be calculated using a point contact (recom-
mended) or line contact relationship and the same correction factor Coef: 
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    (48) 

Since the previously described dimensionless load is a function of D and T and since T is also a function of D and 
f2 (hence k), it is also possible to define another dimensionless load only function of the truncation level T (when 
no misalignment occurs): 
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  (49) 

The latter relationship is simple to use and is certainly the most compact one for calculating the contact load in the 
non-truncated and truncated case, dimensionless load described by a single master curve, see next Figure: 
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Fig. 14: Dimensionless load described by a single master curve (without misalignment) 

 
One can recognize the exponent 3 applied on T, hence 1.5 applied on the deformation, when calculating the load 
in non-truncated point contact (T ≤1). At large T values, this exponent tends towards 2.18, hence 1.09 applied on 
the deformation, a typical value for line contact. 
f1 and f2 can be calculated as a function of k, via the use of eq. (9) and table 2 or can be calculated using the 
following simplified curve-fitting conducted in the frame of this project: 
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In summary, when studying single crown contact subjected to a deformation 0 and no misalignment, the following 
analytical load (accounting for non-truncated and truncated contact) can be suggested: 
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3. Houpert’s improved Teutsch model 
As explained above, the load and pressure on any slice can be calculated as a function of the central deformation 
 and relative roller – race misalignment , using any profile. 
The calculation of pressure spikes at the edge of the contact is however missing. Pressure spikes can be calculated 
using the complex numerical models of Hoeprich, Cretu, Reusner and Guo cited earlier. 
Using Houpert’s line contact model [3] (including the outer race – housing thickness t), Teutsch and Sauer [10] 
developed an interesting simplified approach applicable to line contact only. 
Their approach has been improved by Houpert in [10] and [4] for being also applicable to point contact (non-
truncated or truncated) and easier to use, thanks to a newly suggested dimensionless approach. 
The modified Teutsch model suggested by Houpert is certainly not as accurate as the more rigorous model devel-
oped by Hoeprich (CST tool), Cretu, Reusner or Guo, (see comparisons conducted in chapter “5. NEW MOD-
ELS”) but can be recommended because of its simplicity to use. It is certainly sufficient for warning the user about 
the risk of pressure spikes at the edge of the truncated contact.  
The following set of relationships summarizes the modified (sometimes also listed as new in the legend) Teutsch 
model, see also [10] and [4].  
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       (53) 

 

Note that use is made of the geometrical interference , not elastic deformation, and that the matrix [Si,j] and its 
inverse only need to be calculated once, being read as input later on. 
Also, as a result of the slice coupling introduced via the matrix [Si,j] and its inverse, the final elastic contact length 
will always be shorter than the geometrical contact length when no truncation occurs. 
The modified Teutsch approach can also be used for defining the optimum profile: 

       i , i maxdQ . . . dQ Profilei i j i i

Q
dy s S

L
             (54) 

Several examples of calculated pressure distribution have been given by Houpert in [4] see for example the next 
Figures: 
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Fig. 15: Pressure distribution along the cylinder-on-cylinder contact, = 0.045 mm and k = 13.6*103 

 

 
Fig. 16: SRB example at low load as presented in Ref. [10] (constant load imposed) 

 
Note how the Modified Teutsch model (initially developed by Teutsch and Sauer for line contact only) is now also 
appropriate for describing point contact. It is however compulsory to keep all slices loaded (except the first and 
last one when describing a non-truncated point contact) because the matrix [Si,j] and its inverse have been cali-
brated using the sum of all wi,j  and all slices expected loaded. dy and L should therefore be defined in an appropriate 
manner (L ≈2*AGeom) for obtaining only the first and last slice unloaded when describing a non-truncated point 
contact. Note that when studying standard non-truncated point contact cases, it is recommended to use the previ-
ously described analytical non-truncated point contact model, certainly more accurate than the modified Teusch 
model. 
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Fig. 17: SRB example at large load as presented in Ref. [10] (constant load imposed) 

 

4. Additional developments 

4.1. QLC_CST load 

 
As explained in [4], it is interesting to use the suggested proposal at large T values for developing another line 
contact relationship. 
Using the subscript CST (because the correction factor Coef (Coef=f2

0.18.D1.09) has been defined using the tool 
CST as reference), the truncated load QLC_CST reads: 

_ 0.18 1.09 0.18 1.09 0.18 1.09
1 2 1 2 1 23 2 2

2

_

1 1
. . . 1 . . . 1 .

. 3. 3. .
LC CST

eq

x eq

Q
f f D f f D f f D

E L T f D

R

        
   

   (55) 

where the bracket terms can be neglected at large T values; perhaps not when seeking for a high accuracy.  
The product 0.18

1 2.f f is plotted next against k. It can be fixed to 0.3 when k is large when using realistic large k 

ratio (k values larger than 15000 are seldom in the bearing industry because flat profiles are avoided). The small 
increase observed at very large k values is due to pressure spikes (introduced via the factor Coef using f2

0.18). This 
increase can be considered when using 0.18

1 2.f f instead of 0.3 
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Fig. 18: Factor to use when defining QLC_CST 

 
The simplified CST line contact load can therefore be defined as: 

_ 1.09
3

_

0.3*
.

LC CST

eq

x eq

Q
D

E L

R

           (56)  

or 
3

1.09 0.82 0.09 1.09
_ _

_

.
0.3* . 0.3* . . .eq

lc CST eq x eq
x eq

E L
Q D E L R

R
        (57) 

The latter relationship accounts for a minor effect of Rx_eq on the load and is close to the well-accepted “empirical” 
relationship of Palmgren given in eq. (15): 

0.8 10

0.9 90.347* . .Palmgren eqQ E L           (15) 

When using our case of reference ( =0.045 mm, L=30 mm and Rx_eq=10 mm) one obtains a CST line contact load 
of 46182 N versus 51404 N for the Palmgren load, hence a drop in load of more than 10 %. 
At an unrealistic, very large k ratio (k=1.E7), using 0.3786 instead of 0.3 when defining the product f1*f2

0.18, one 
obtains a load of 58281 N. 

4.2. Comparing Hoeprich transition model and T=1 transition 

The results described in this sub-chapter have been derived in the frame of this project (hence are not part of the 
previous models) and can be considered as interesting remarks only.  
Hoeprich’s point to line contact transition and final truncated load described by eq. (22) and (23) can also be 
written using the following general approach: 

3 32 2
1 _ 1 _. . . . . . . .x xx xn n

lc eq x eq lc lc eq x eqQ x E L R K with K x E L R            (58) 

3
1.5 1.5 1.5

3 3 _ 3 _
_

. .
. . . . . . . .eq

pc eq x eq pc pc eq x eq
x eq

E L
Q f D f E R K with K f E R

R
                  (59) 

The local slope and deformation of transition then reads: 
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1 0.5
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1.5
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Trans
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d d

n K
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 
 







 

 
  
  

          (60) 

The latter can be used for calculating the dimensionless truncation level at Hoeprich’s transition: 

32

_
2 2

0.5
0.5*( 05)0.5* 1.51.5 0.5

1 1.5 1.5
2 _

3

.
. ; :

.
. . .
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x eq T
Trans

xx nn
n n

Trans x eq

R
T f after some developments

L

n x
T f L R

f



  
 



 
  

 

      (61) 

The interesting idea tested next is the analytical derivation of the exponent x2 and x3 for obtaining TTrans independent 
of L and Rx_eq, a reasonable assumption. When imposing the exponents on L and Rx_eq to be nil, one obtains: 

2

3

2.(1.5 ) 0.82 1.09 ( )

10
0.778 ( )

9
1 0.09 1.09 ( )

10
0.111 ( )

9

x n if n Houpert proposal or

if n Palmgren

x n if n Houpert proposal or

if n Palmgren

   

 

   

 

    (62) 

One sees therefore that Palmgren relationship does not respect this possible constraint (i.e., TTrans should be inde-
pendent of L and Rx_eq) since Palmgren is suggesting x2= 0.8/0.9=0.8889 and x3=0. 
When respecting the latter constraint and using QLC_CST, the truncation level at Hoeprich’s transition reads: 

0.5 0.5
0.181.5 1.5

1 1 2
2 2

3 3

. . .
. .

1.5* 1.5*

n n

Trans

n x n f f
T f f

f f

    
    

   
      (63) 

Using the following table, one sees that the truncation level TTrans is constant (at any k level) and equal to 1.11, 
hence not equal to 1.  

 
Table  3: Miscellaneous Hertzian parameters defined using elliptical integrals function of k. 

 
This means that when using Hoeprich transition, a point contact relationship is erroneously used in the range 1 < 
T < 1.11 since a non-truncated Hertzian point contact relationship is used while truncation occurs. 
The error observed is, however, minor. 

FINAL Proposal using  two steps integration and Tripp's results when k > 3000 exponent for Coef: 0.18 n (line contact) 1.09

factor for K_LC L exponent Rx_exponent

k CA CB CP CD f1 f2 f3 x1 for T_trans=1 x2 x3 f1*f2^0.18 T_Trans

1.00E+00 1.14471424 1.14471424 0.36437386 1.31037070 0.50000000 2.00000000 0.66666667 0.51967151 0.82000000 0.09000000 0.56644194 1.11

5.00E+00 2.46053706 0.85134358 0.22793269 0.96781720 0.31494739 5.00222517 1.05029184 0.38606542 0.82000000 0.09000000 0.42081130 1.11

1.00E+01 3.33986185 0.74228269 0.19259435 0.83322566 0.26950705 7.31774349 1.31478896 0.35377857 0.82000000 0.09000000 0.38561864 1.11

1.50E+01 3.97089212 0.68467792 0.17561717 0.75999140 0.24852180 9.10990283 1.50933965 0.33935205 0.82000000 0.09000000 0.36989373 1.11

2.00E+01 4.47978509 0.64655670 0.16484569 0.71072964 0.23555897 10.62759414 1.66895012 0.33069791 0.82000000 0.09000000 0.36046072 1.11

2.50E+01 4.91342257 0.61851121 0.15711212 0.67411249 0.22643564 11.96872603 1.80676406 0.32476327 0.82000000 0.09000000 0.35399196 1.11

5.00E+01 6.51084808 0.53937279 0.13596114 0.56937293 0.20231444 17.25715303 2.32758086 0.30992373 0.82000000 0.09000000 0.33781687 1.11

7.50E+01 7.65098079 0.49822729 0.12525549 0.51436526 0.19057789 21.33591598 2.71076928 0.30330953 0.82000000 0.09000000 0.33060739 1.11

1.00E+02 8.56832945 0.47112118 0.11828035 0.47805893 0.18309803 24.78480088 3.02536546 0.29937157 0.82000000 0.09000000 0.32631501 1.1108

1.50E+02 10.03544718 0.43562375 0.10921772 0.43058469 0.17356652 30.58703869 3.53925718 0.29473804 0.82000000 0.09000000 0.32126446 1.11

2.00E+02 11.21529527 0.41221732 0.10327720 0.39941868 0.16742572 35.49167710 3.96147977 0.29202394 0.82000000 0.09000000 0.31830609 1.11

2.50E+02 12.21896450 0.39500829 0.09892380 0.37662196 0.16297509 39.82094651 4.32654813 0.29021163 0.82000000 0.09000000 0.31633067 1.11

3.00E+02 13.10133968 0.38152865 0.09552093 0.35885723 0.15952320 43.74061196 4.65176168 0.28890605 0.82000000 0.09000000 0.31490759 1.11

4.00E+02 14.61741123 0.36126617 0.09041565 0.33234251 0.15438493 50.71162320 5.21940687 0.28714268 0.82000000 0.09000000 0.31298552 1.11

5.00E+02 15.90668494 0.34635345 0.08666469 0.31300298 0.15063750 56.86374232 5.71054147 0.28600722 0.82000000 0.09000000 0.31174787 1.11

7.50E+02 18.53194145 0.32093108 0.08028024 0.28045362 0.14430431 69.98748602 6.73299723 0.28441760 0.82000000 0.09000000 0.31001519 1.11

1.00E+03 20.64104761 0.30411515 0.07606268 0.25926943 0.14014519 81.07483456 7.57483225 0.28362937 0.82000000 0.09000000 0.30915601 1.11

1.25E+03 22.43391678 0.29172286 0.07295681 0.24386336 0.13709121 90.85771703 8.30386271 0.28319673 0.82000000 0.09000000 0.30868443 1.11

1.50E+03 24.00922260 0.28199847 0.07052069 0.23190916 0.13469928 99.71239398 8.95412491 0.28295255 0.82000000 0.09000000 0.30841828 1.11

1.75E+03 25.42388151 0.27404636 0.06852917 0.22222892 0.13274520 107.86276927 9.54551016 0.28281942 0.82000000 0.09000000 0.30827316 1.11

2.00E+03 26.71409639 0.26735087 0.06685275 0.21414898 0.13110063 115.45492918 10.09080897 0.28275645 0.82000000 0.09000000 0.30820453 1.11

2.50E+03 29.01273490 0.25654714 0.06414836 0.20125597 0.12844695 129.34340063 11.07584397 0.28275565 0.82000000 0.09000000 0.30820365 1.11

3.00E+03 31.03197496 0.24806372 0.06202528 0.19126505 0.12636192 141.91281072 11.95491713 0.28284833 0.82000000 0.09000000 0.30830468 1.11

4.00E+03 34.49819571 0.23527614 0.05882570 0.17644312 0.12321403 164.25704841 13.49251507 0.28315744 0.82000000 0.09000000 0.30864161 1.11

5.00E+03 37.44302076 0.225837215 0.056464436 0.165699204 0.120884317 183.9673121 14.82584193 0.28352854 0.82000000 0.09000000 0.30904611 1.11

7.50E+03 43.43223094 0.209691781 0.052426135 0.147742567 0.116880883 225.9900473 17.60927753 0.28448087 0.82000000 0.09000000 0.31008414 1.11

1.00E+04 48.23784308 0.198974222 0.049745831 0.136139846 0.114205792 261.4720362 19.90774728 0.28536334 0.82000000 0.09000000 0.31104604 1.11

1.50E+04 55.90271418 0.184832185 0.04620946 0.121251917 0.110647029 321.0839401 23.684656 0.28688286 0.82000000 0.09000000 0.31270232 1.11

5.00E+04 86.38684272 0.148687643 0.037172255 0.085680874 0.101328071 590.2495361 39.8725647 0.29314986 0.82000000 0.09000000 0.31953335 1.11

1.00E+05 110.8118104 0.131282444 0.032820764 0.070013827 0.096669929 837.5758337 53.97893067 0.29785798 0.82000000 0.09000000 0.32466520 1.11

5.00E+05 196.8368809 0.098502499 0.024625648 0.043596129 0.08739908 1885.439089 109.8570946 0.31164102 0.82000000 0.09000000 0.33968871 1.11

1.00E+06 251.7627473 0.087097332 0.021774343 0.035485213 0.083950324 2672.992597 149.5990631 0.31875388 0.82000000 0.09000000 0.34744173 1.11

5.00E+06 444.6916228 0.065534682 0.016383672 0.021922461 0.07693306 6006.815447 308.0817944 0.33794224 0.82000000 0.09000000 0.36835704 1.11

1.00E+07 567.6039966 0.058006673 0.014501669 0.017791102 0.074269923 8510.871175 421.4011625 0.34736159 0.82000000 0.09000000 0.37862414 1.11
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Also, for avoiding this error when using Hoeprich’s concept, x1 should simply be equal to 0.28 (instead of about 
0.3) for obtaining the same slope at a transition corresponding to a truncation level equal to 1, but the final line 
contact load used (never reached because of the translation Q) has been artificially reduced by about 2%.  

5. NEW MODELS 
As explained above, the previous values of the factor Coef have been defined at several truncation levels T using 
zero misalignment, CST tool as numerical reference and a cylindrical-on-cylindrical case of reference. Coef has 
then be curve-fitted versus T, see eq. (45)). 
Although not studied numerically in [4], Houpert suggested some relationships for including misalignment when 
deriving the factor Coef. 
The first suggested model was to keep the previous model, replacing however D by Dmax when calculating Coef: 

 
2 2

0.18
_ max _

1 2 max max 0 2 2

. . .
1: .

2.
x eq x eqk R R

Model Coef f D with D D
L L

 
       (64) 

where D0 is the dimensionless deformation at the roller-race center while the maximum deformation has already 
been given in eq. (40):  

2 2
_ _

max 0 0

. . .

2 2
y eq x eqR k R 

             (40) 

In the latter model, it is implicitly assumed that the maximum deformation occurs between -L/2 and L/2 and that 
the full contact length L is loaded. These conditions are not fulfilled when studying large k ratio and large misa-
lignment, but one will show how to adjust the latter two equations (when deriving Coef4). 
Using the appropriate contact boundaries and misalignment, yLeft is not equal to -yRight, a second suggestion for 
deriving Coef has been given in [4] using a mean value of the truncation level. 
It has been demonstrated in the previous chapter that the maximum deformation occurs at abscissa 

_
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. y eqR
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r


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         (65) 

The truncation level on the left and right side is then equal to: 

0 0

1 2

1, 1,NT NT
Left Right

end end

y a y a
T Max T Max

y y

           
      

  (66) 

(±L/2 was suggested in [4] instead of y1end and y2end now)    
The second suggestion given in the 2019 paper (ref. [4]) was therefore: 

 0.18
2

1
2 : .

2mean mean Left RightModel Coef T with T T T         (67)  

In the frame of this project and paper, another idea has been tested and will finally be suggested: 

   0.18 0.18
3

1
3: . 0.5*

2 Left Right Left RightModel Coef T T Coef Coef         (68) 

Meaning that each side of the truncated contact contributes to the load coefficient via a summation of 
0.180.5* LeftT

and 
0.180.5* RightT , TLeft and TRight being as least equal to 1. 

A fourth model (using Coef4), close to Model 1, will also be suggested later. 
For testing these suggestions, it was however compulsory to have access to numerical results to be used as refer-
ence when including misalignment in one extreme case: -10 mrad of misalignment with k = 13577. 
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No access to CST and Cretu’s tools (initially used for defining Coef) has unfortunately been obtained, so that the 
authors used Reusner’s results and model (programmed by O. Menck in the frame of this project) and Dr. Guo’s 
results who provided graciously his results in the frame of some private communications. 
But before calculating results under misalignment, it was interesting and necessary to compare the numerical re-
sults obtained next and to benchmark them against ‘exact’ point contact results when no truncation occurs (corre-
sponding to k < 313), see next Table. 

 
Table  4: Miscellaneous results obtained at zero misalignment. 

 
One sees that CST, Cretu and Guo’s results match quite well for the standard non-truncated point contact case 
corresponding to k = 122.43, while Reusner model deviates slightly from the analytical solution at k = 1. 
Also, CST, Cretu, Guo’s results and Houpert’s analytical one (calibrated using CST results) are close in the trun-
cated case k = 739.7 and k = 13577, (the case of reference used next when studying misalignment effects on the 
load and moment), while a slightly different load is obtained with Reusner’s model at the largest k value. 
For all the reasons mentioned above, it has been decided to pursue the calibration effort (including misalignment) 
with Guo’s results. 
Prior to this exercise and for information purposes, some pressure distributions calculated along the contact with 
zero misalignment are shown next: 

 
Figure 19 : Reusner’s model and Guo’s results obtained with k=13576 

 
Reusner’s load is equal to 49799 N while Guo’s load is equal to 46737 N. 
 
One should not pay too much attention on the substantial differences noticed on the pressure spikes amplitudes 
since it is known that their accuracy is also a function of the number of slices used. Also, all these dry and linear 
elastic models don’t consider elasto-plastic model, roller hardening and running – in effects as well as EHL effects. 
The use of a lubricant limiting shear stress also limits the Poiseuille shear stress, hence the film thickness h, 
pressure gradient dP/dx and dP/dy, hence the pressure spikes as shown for example by Houpert in [11]. 

Cylinder length = 30 mm

Total Deformation at contact center = 0.045 mm, zero misalignment

Houpert_Analytical CST Numerical Numerical Numerical Numerical

Rx_eq (mm) Ry_eq (mm) k old Coef Q_Houpert (N) Q_CST (N) Q_Cretu Guo_Half_101*91 Q_Reusner

10 10 1 1.00 4548 4730

10 1224.33932 122.433932 1.00 22315 22426 22287 22316

10 2188.28534 218.8285337 1.00 28005 28144 28002

10 4081.65303 408.1653028 1.02 35941 35641 35449

10 7397.40741 739.7407407 1.08 41155 40794 40453 40493

10 11007.4627 1100.746268 1.12 43194 42987 42620

10 18433.3788 1843.337883 1.18 44873 44842 44404

10 38340.9108 3834.091083 1.26 46264 46296 45801

10 135767.325 13576.73252 1.41 47725 47274 46702 46739 49799
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Guo also calculated the same cases using 1001 slices (instead of 101 previously used) for  obtaining a load of 
46854 N (instead of 46739 when using 101 slices) 
The CST and Houpert’s modified Teutsch results are also shown next, with an analytical load equal to 47725 and 
Teutsch load equal to 48489 N. 

 
Figure 20 : CST and Houpert modified Teutsch results  obtained with k=13576 

 
Following is the load and pressure distribution calculated with Reusner’s model and Guo’s one when using a 
relative roller – inner race misalignment fixed to – 10 mrad: 
 

 
Figure 21 : Reusner and Guo’s results obtained with k=13576 and -10 mrad of misalignment 

 
Reusner’s load is now 87075 N instead of 49799 N when no misalignment occurs.  
 
Guo’s load is 87828 N using his half space model and Guo’s corresponding roller tilting moment around the race 
center is 906613 N.mm 
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The latter two results will be used next as target when benchmarking and fine-tuning the correction factor Coef. 
The following table summarizes several results obtained: 

 
Table  5: Results obtained at large misalignment and large crown radius. 

 
Several outputs are printed in this table:  

 the analytical load defined using a single crown radius 
 the load obtained using any MRD profile and slices 
 the analytical load using analytical relationships for deriving the left and right contact boundaries as 

well as a summation of the analytical loads calculated in 8 MRD zones. In our case, the MRD profile is 
using 4 equal radii and corresponds to a single crown contact.  

 The final analytical load calculated with the previously described three options 

The previous tabel shows that the targeted load (Guo’s load of 87828 N) is almost retrieved when using Coef3 
(Coef3 = 1.76) calculated with the previously suggested exponent 0.18. The final analytical load is then equal to 
87615 N. 
This is a remarkable result when realizing the severity of the test conducted: the large crown radius and misalign-
ment lead to a theoretical maximum deformation and shift (occurring out of the contact) of 6.83 mm and 1257.62 
mm respectively (see left column of the previous table), with a non-truncated contact ellipse half-length of 1261.78 
mm and a left and right theoretical contact boundaries of -4.16 mm and  2519.41 mm, physically limited to -4.16 
and + 15 mm for obtaining a final left and right truncation level of T equal to 1 and 168 respectively. 
Also shown in the latter table is the load obtained using Houpert’s modified Teutsch approach (85887 N) as well 
as the load obtained when using the ISO16281 approach with 101 lamina and the Palmgren contact stiffness 83781 
N). 
The pressure distribution calculated by Houpert’s miscellaneous models are shown next, including the Hertzian 
contact pressure distribution of the very shifted truncated point contact (dotted line), remarkably close to the pres-
sure obtained using Houpert’s load in each slice. 

delta0 (mm) 0.0450 D_max 0.0759

D0 5.00E-04 T_max 84.1189

T0 6.83E+00 Coef_1 2.2207

Exponent used for Coef 0.1800

Coef_old (no Misal & single crown) 1.41 T_mean 84.4802

Coef_2 2.2224

Tilt (mrad) -10.00

Q_old (N) includ. Misaligment 70443 Coef_Left 1.00

Coef_Right 2.51

delta_max (mm) 6.8334 Coef_3 1.76

Q_NT_PC (N) 289694246 Q_Anal. Trunc_PC_single Crown (N) 87615

a_NT (mm) 1261.7841 Q_Slice_MRD (N) 87615

shift y0 including /r (mm) 1257.62 Q_Anal_MRD (N) 87615

y_Left_NT (mm) -4.16 Selected y_Left for Teutsch -4.16

y_Right_NT (mm) 2519.41 Selected y_Right for Teutsch 15.00

T_Left 1.00E+00 Q_Mod_Teutsch_2019 (N) 85887

T_Right 1.68E+02 Q_ISO_16281 (N) 83781

Coef_4 1.76

Exponent used for Coef'3 0.229

Coef'_3 2.11

M_Anal. Trunc_PC_single Crown (N.mm) 906613

Moment Teutsch_2019 (N.mm) 963747

M_ISO_16281 (N.mm) 731276
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Figure 22 : Houpert’s pressure distribution calculated with k=13576 and -10 mrad of misalignment 

 
Table 5 also shows the factor Coef4, defined using the real maximum deformation and contact length (when using 
a single crown profile): 
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  (69) 

The left and right contact bounds (and real max deformation) can also be defined using an MRD profile if needed. 
The latter fourth model (using Coef4) is similar the first model (using Coef1), the difference being that the real 
maximum deformation max_real calculated in the range -L/2 to +L/2 is used, as well as the real contact length, (yRight-
yLeft), now replacing L. The use of Coef4 could be recommended for keeping a certain consistency with the previous 
suggestion (in [4], defining Coef using the maximum deformation under misalignment), but it is difficult to phys-
ically explain why Coef4 is almost equal to Coef3 and certainly easier to promote the use of Coef3 because of its 
plausible physical explanation (differentiating the left and right truncation effects on the load magnification). Coef3 
can of course be used at zero misalignment, being then equal to the previously described factor Coef. 
The latter table also shows the calculated analytical roller moment defined using Coef’3 for which it was necessary 
to update, in a first step, the exponent used T. This exponent is now equal 0.2287 instead of 0.18 for matching 
Guo’s moment taken as targeted moment (906613 N.mm).  

0.229 0.229
3' 0.5* ( )Left RightCoef T T To use for calculating the moment       (70) 

The physical explanation of why Coef’3 is larger than Coef3 is that a pressure spike effect on the moment is larger 
than its effect on the load because of its effect on the moment is magnified by the largest distance of the spike 
relative to the race center. The derivation of Coef’3 could however be fine-tuned in a second step for considering 
including the roller length if needed. 
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In conclusions, a suggested analytical load and moment, using Coef3 and Coef’3 have been validated at large 
misalignment and zero misalignment using the following proposals: 
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 (73) 

Where M is the moment applied on the roller (at the roller – inner race contact) relative to the inner race center 
and  is the relative roller – inner race misalignment or tilting angle. Appropriate signs corrections must of course 
be considered when calculating the roller moment corresponding to the roller – outer race contact. When using a 
complex profile (not a single crown profile), the left and right contact boundaries y1end and y2end should be replaced 
by the MRD contact boundaries defined analytically (relationships not given in this report) or corresponding to 
the min and max y abscissa of the loaded slices. 
 

6. Conclusions 
A comprehensive summary of contact models is given in this report, Houpert’s contribution being outlined in a 
chronological or logical order. 
When zero misalignment is assumed and a simple crown profile is used, analytical dimensionless relationships 
have been shared for describing in a uniform manner point contact, truncated point contact and line contact models 
(load, pressure, and contact dimensions), thanks to the newly suggested linear load – deflection model used and 
possibility of integrating analytically the load in all slices. 
When complex profiles are used, the loads and moment in each slice can be added numerically. 
The suggested model also accounts for the coupling effects and pressure spike effects on the load, effects included 
via a correction factor called Coef and curve-fitted versus some numerical results obtained with appropriate tools 
including these pressure spikes. In the frame of this study, misalignment has been included for defining the coef-
ficient Coef3 and Coef’3 used for calculating the roller load and tilting moment respectively, Coef3 remaining equal 
to Coef when no misalignment occurs. 
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Abstract – To increase the power density of the mechanical drive train of wind turbines, journal bearings can be 
used as planetary gear bearings instead of rolling bearings. This technological change presents new challenges. 
For example, wind turbine drive trains are subject to dynamic and low-speed operating conditions, which can lead 
to accelerated abrasive wear of the journal bearings. In addition, oil supply failure or peak loads due to wind gusts 
and grid and power converter faults could potentially result in catastrophic failure due to adhesive wear in a very 
short time. Such operating characteristics are, therefore, critical regarding the journal bearing wear and must be 
considered in the design. The successful implementation of journal bearings in wind turbines depends on a reliable 
estimation of wear. In this paper, a multiscale tool chain for the wear calculation of planetary gear bearings in wind 
turbines is presented. The tool chain consists of a combined multi-body and elasto-hydrodynamic (EHD) simula-
tion model of the sliding contact as well as different wear models for the wear calculation. The tool chain is 
parameterized on a component test rig. In addition, the tool chain will be validated on a system test rig under wind-
typical load conditions. The results of this paper will show that the developed tool chain can be applied to reliably 
predict the wear-related roughness smoothing and contour change of journal bearings for planetary gears in wind 
turbines. Furthermore, on the basis of the developed tool chain it is possible to make important design decisions, 
which are related to the use of journal bearings in wind turbine drivetrains. 
Keywords – wear calculation, journal bearing, wind turbine, planetary gear 
                        
 

1. Introduction 
Wind energy is one of the mainstays of renewable 
power generation. In order to realize increasing eco-
nomic efficiency of wind power one important objec-
tive is the decrease of levelized costs of electricity 
(LCOE). This can be achieved through an increase in 
wind turbine power rating and reduction of costs dur-
ing operation and maintenance. The reduction of oper-
ational expenses (OpEx) is especially important for the 
offshore wind sector where maintenance and repair of 
damaged components is estimated to impact the LCOE 
with up to 30 % [1]. An increased reliability of wind 
turbine drive trains can therefore aid in reducing the 
LCOE. Due to their unlimited fatigue lifetime journal 
bearings are advantageous in terms of drive train reli-
ability. 
A second advantage of journal bearings is the compact 
design. In order to increase the power density of mod-
ern wind turbine drive trains, the size of the planetary 
gears in the installed planetary gearboxes is reduced 
and the number of planetary gears is increased at the 
same time. Since the installation space available for 
planetary gear bearings is limited, journal bearings are 
increasingly being used. The two aforementioned ad-
vantages of journal bearings over the conventional 
rolling element bearings have led to a technology 
change in the wind turbine: In recent years journal 
bearings have been replacing rolling element bearing 
as planetary bearings in wind turbine gearboxes [2]. 
Planetary gears with journal bearings are already es-
tablished in the wind industry, however, these journal 
bearings can be subject to wear due to the operating 

conditions typical for wind turbines. The quality of the 
wear prediction methods for those bearings is poorly 
quantified. In addition, experience regarding the use of 
journal bearings in wind turbines over the total turbine 
lifetime of up to 20 years is not yet available. Further-
more, unsteady wind conditions result in frequent 
start-ups of the WT or low speeds. Such operating con-
ditions are of particular relevance for journal bearings 
in terms of wear. 
 Wear is the progressive loss of material from the sur-
face of a body caused by tribological stress [3]. De-
pending on the structure of the tribological system and 
the kinematics of the tribological stress, a distinction 
is made between different types of wear. According to 
CZICHOS [3], the four wear mechanisms for journal 
bearings are adhesion, abrasion, micro fatigue and tri-
bochemical reaction. In order to predict the bearing 
wear analytically, different models have been devel-
oped in the past, which are based on different wear 
mechanisms. HOLM [4] developed a wear model, by 
assuming the contact between atoms of opposing sur-
faces as the cause of wear. ARCHARD [5] developed 
this model further and considered not the contact of at-
oms, but the contact and the resulting plastic defor-
mation of asperity peaks of the surfaces. ROWE [6] ex-
tended the model developed by ARCHARD to include 
the influence of the lubricant used in the wear calcula-
tion. CHUN [7] used the model created by ROWE to pre-
dict wear of journal bearings in start-stop operations of 
a reciprocating engine by means of simulation. Besides 
ARCHARD, the most widely used model for wear cal-
culation is the energetic model developed by 
FLEISCHER [8]. In this model, it is assumed that friction 
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energy is generated during the sliding process, which 
is accumulated in the material. If the accumulated en-
ergy has reached a critical limit, the lattice energy of 
the material is overcome and wear occurs.  

The wear models according to ARCHARD and ROWE 
assume a linear wear process in their calculation, 
which means that the wear rate does not change during 
the wear process. However, when observing real wear 
processes in journal bearings, a deviation from this 
prediction can be observed. It can be seen that the wear 
rate 𝐻̇𝐻𝑊𝑊 is initially higher than the one predicted by the 
linear wear calculations and only approaches the wear 
behavior of the linear forecasts after a run-in phase has 
been completed [9]. Simultaneously with the change in 
the rate of wear, the coefficient of friction also 
changes. In lubricated friction contacts, the friction 
process usually starts with increased coefficients of 
friction until wear leads to a smoothing of the surfaces 
and the value of the coefficient of friction decreases 
[10]. 

In the recent past, attempts have been made to take 
the run-in phase of a journal bearing into account in 
the wear calculation and thus to be able to predict the 
entire course of wear more accurately. In FLEISCHER'S 
wear model, the behaviour of the friction coefficient is 
not specified in more detail. Therefore, FLEISCHER'S 
wear model can be implemented both linearly, with a 
time-constant friction coefficient, and with transient 
behaviour, using a time-varying friction coefficient. 
KÖNIG [10], using FLEISCHER'S approach, developed a 
numerical method for wear prediction of radial loaded 
journal bearings with a diameter of 30 mm for static 
operating conditions and certain dynamic conditions 
(e.g. start-stop operation), iteratively considering both 
the journal bearing wear at macroscopic level and at 
roughness level. In this way, a simulative prediction of 
run-in wear became possible using the FLEISCHER 
model. By means of the developed method, agree-
ments of the wear in the run-in process between simu-
lation and experiment could be shown. Nevertheless, 
the approach according to KÖNIG uses input parame-
ters for the wear calculation, which were determined 
experimentally on a 30mm journal bearing under ra-
dial load. The transfer to a planetary journal bearing 
has not yet been carried out. In addition, KÖNIG takes 
global roughness smoothing into account, but does not 
resolve it locally depending on the differently loaded 
zones in the journal bearing. Another model that ena-
bles transient wear calculation was developed by 
XIANG ET AL. In this model, two mechanisms are as-
sumed to contribute to wear [11]. First, wear is consid-
ered to be caused by the plastic deformation of asperity 
peaks in contact; this affects the material above contact 
surface. On the other hand, it is assumed that fatigue 
cracks develop below the contact surface and lead to 
the breakout of material after a certain accumulation. 
As an alternative to these mechanical models, the wear 
model according to LIJESH [12] based on the work of 

BRYANT [13] uses a thermodynamic approach to de-
scribe wear. The free enthalpy is assumed to decrease 
proportionally to the degradation of the tribological 
system until an equilibrium state is reached at the min-
imum free enthalpy. Since the decrease in free en-
thalpy is coupled to the generation of entropy, the in-
crease of entropy is regarded as the driving variable of 
wear in the model. The wear behaviour is described 
with the aid of a degradation coefficient, which sets the 
wear volume created in relation to the entropy pro-
duced. A summary of the wear models for journal 
bearing wear calculation is shown in Table 1. 
Table 1: Wear models for journal bearing wear calculation 
and basic wear mechanism 

Wear 
model 

Year Damage mechanism 
considered 

Wear rate 

Holm 1946 Adhesion Constant 
Archard 1953 Adhesion/Abrasion Constant 
Rowe 1966 Adhesion Constant 
Fleischer 1980 Adhesion/Abrasion Constant/

Transient 
Bryant 2008 Adhesion Constant/

Transient 
Chun 2016 Adhesion Transient 
Lijesh 2018 Adhesion/Abrasion Transient 
Xiang 2019 Ahesion/Micro fatigue Transient 

In [14] LEHMANN implemented the wear models ac-
cording to ARCHARD, FLEISCHER, CHUN, LIJESH and 
XIANG and coupled them with an EHD/MBS simula-
tion model of a journal bearing in order to create a tool 
chain for the prediction of wear of journal bearings in 
planetary gears. Since the models according to HOLM, 
ROWE and BRYANT only represent preliminary devel-
opment stages of the previously mentioned models, 
they were not considered further. The aim of LEH-
MANN’s study was a screening and evaluation of the 
different wear models regarding their suitability for the 
wear calculation of planetary gear bearings in wind 
turbines. The evaluation criteria were parameter uncer-
tainty, the effort for parameter determination, the num-
ber of parameters, the load case dependency of the 
wear models and the calculation time. The results of 
this study showed that the wear calculation according 
to LIJESH is the overall best model for wear calculation 
according to the previously mentioned evaluation cri-
teria. Nevertheless, the calculation results of the imple-
mented wear models have not yet been compared with 
experimental data for a final evaluation of the wear 
models. In recent months, a wear calculation toolchain 
has been developed that enables a transient wear cal-
culation of planetary gear journal bearings in wind tur-
bines under consideration of the continuous local con-
tour and roughness adaption. This tool chain uses the 
aforementioned wear models. In [15] a first test of the 
functionality of the tool chain and a first parameteriza-
tion of the wear models according to FLEISCHER based 
on first experimental results of a component test rig 
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could already be carried out. However, the further pa-
rameterization and evaluation of the wear models as 
well as the transfer and validation of the tool chain on 
a planetary gear journal bearing have not yet been car-
ried out. 

In this work, the working procedure of tool chain is 
presented and a parameterization strategy of the wear 
models according to ARCHARD, FLEISCHER, CHUN, LI-
JESH and XIANG is presented. For the parameterization 
of the wear models the wear results from a component 
test rig are used. Furthermore, a transfer of the tool 
chain to the real application is conducted by comparing 
the results of the tool chain to the results of an experi-
ment on a subsystem test rig, which represents a plan-
etary gear journal bearing. In this way the transfer of 
the parameterized tool chain to a real system is demon-
strated as the subsystem test rig is able to reproduce 
real load situations of a planetary journal bearing. 

2. Simulation Methodology of the tool chain 
The tool chain used in this work consists of a combined 
multi-body and elastohydrodynamic (EHD) simula-
tion model of the sliding contact, which is imple-
mented in the commercially available software AVL 
Excite power Unit. 
The EHD simulation is coupled with the different wear 
models, which are implemented in MATLAB and al-
low a data transfer via a Python interfaces between 
AVL Excite Power Unit and MATLAB. By applying 
wind typical loads to the multi-body/EHD model of the 
planetary journal bearing the structural deformation of 
the pin and the planetary gear are calculated as well as 
the contact conditions in the sliding contact such as hy-
drodynamic and asperity contact. Wear critical contact 
conditions occur when the roughness peaks come into 
contact within the journal bearing and lead to asperity 
contact and therefore mixed friction and wear. For the 
calculation of the asperity contact pressure 𝑝𝑝𝑎𝑎 the sur-
face roughness is modelled with the statistical model 
of GREENWOOD and WILLIAMSON [16]. For modelling 
the near-surface flow and pressure behaviour of the 
fluid in narrow gaps the average flow model according 
to PATIR and CHENG [17] is used. The average flow 
considers the influence of the surface properties in the 
Reynolds equation extending the Reynolds equation 
by pressure and shear flow factors. The wear generated 
by asperity contact leads to a material removal and thus 
a continuous change in the contour and roughness of 
the journal bearing over time which can be calculated 
by the tool chain as follows (see also Figure 1):  
First the local oil film height and hydrodynamic pres-
sure are calculated by the multi-body/EHD model and 
transferred to the contact model. Based on the contact 
model the wear-influencing variables, such as the local 
asperity contact pressure and shear stress are calcu-
lated and transferred to the wear models. The wear 
models are then used to calculate the wear height of 
the bearing contour. The calculated wear height is 
transferred to the surface model, which maps the local 
roughness via patches on the bearing surface. Based on 

the local calculated wear height the local surface 
roughness parameters are updated using the algorithm 
published in [10]. This allows a physically based con-
sideration of the roughness smoothening during the 
wear process. The resulting change in the bearing con-
tour and roughness is fed back into the multi-
body/EHD calculation. The change in contour and 
roughness influences the pressure distribution devel-
oping in the journal bearing and thus the further pro-
gress of wear. An iterative calculation was imple-
mented in order to model the interaction between con-
tour and roughness change and the wear generation. 
The data exchange between the EHD model and the 
wear model takes place at defined iteration intervals. 
The iteration criterion can be the accumulated iteration 
step duration or maximum wear height per iteration 
step. In this work a constant maximum wear height per 
iteration step is chosen as the iteration criterion. The 
simulation is terminated automatically after the overall 
accumulated simulation time reaches a predefined 
value 𝑡𝑡𝑎𝑎𝑎𝑎𝑎𝑎,𝑚𝑚𝑚𝑚𝑚𝑚. 

 
Figure 1: Schematic visualization of the functional work-
flow of the wear calculation 

3. Parameterization and Validation  
methodology 
The wear models presented here follow a physical ap-
proach, but contain one empirical parameter that re-
quire prior determination based on experiments. In the 
following the methodology to determine the empirical 
parameter for each wear model and the methodology 
to validate the wear calculation is presented. The pa-
rameters of the considered wear models including the 
empirical wear parameters, which have to be deter-
mined experimentally, are presented in Table 2. When 
the wear calculation models developed by FLEISCHER 
and LIJESH were used, the coefficient of friction is cal-
culated using the formula by OFFNER and KNAUS [18] 
describing the friction in mixed lubrication regimes. 
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Table 2: Parameters of the wear models 
Wear 
model 

Param-
eter 

Parameter name Value 

ARCHARD 𝑘𝑘 Wear coefficient Empirical pa-
rameter 

 H Hardness 932 N/mm² 
FLEISCHER  𝑒𝑒𝑅𝑅∗  Friction energy 

density 
Empirical pa-
rameter 

 𝜇𝜇 Friction value Calculated ac-
cording to [18] 

LIJESH  𝐵𝐵(𝑡𝑡) Degradation coeffi-
cient 

Empirical pa-
rameter 

 𝜇𝜇 Friction value Calculated ac-
cording to [18] 

XIANG 𝛼𝛼 Propagation angle 
fatigue fracture 

0,314 [-] 

 E Modulus of elastic-
ity 

70,000 N/mm² 

 𝛽𝛽 Asperite radius 1.5 µm 
 D Asperite density Calculated 

from roughness 
measurement 

 𝜅𝜅 Fatigue coefficient Empirical pa-
rameter 

 𝜇𝜇 Friction value Calculated ac-
cording to [18] 

CHUN 𝑡𝑡0 Vibration time 
Lubricant in ad-
sorbed state  

7.03·10-17 s 

 𝐸𝐸𝑎𝑎 Adsorption energy 48,116 J/mol 
 𝛼𝛼𝜒𝜒 Diameter Influence 

area of a lubricat-
ing film molecule  

1.13·10-9 m 

 𝑘𝑘𝐶𝐶 Wear coefficient Empirical pa-
rameter 

For the determination of the empirical parameters of 
the wear models a component test rig is used, which is 
described in more detail in section 4.1. Although the 
component test rig does not reproduce the real load sit-
uation of a planetary gear journal bearing, it allows 
wear experiments to be carried out quickly and repro-
ducibly by applying circumferential speeds, pressures 
and temperatures comparable to those in the field. The 
results of the wear experiments are used to determine 
the empirical wear parameters. To determine the em-
pirical wear parameters, the generated wear height and 
wear volume is determined over time in the test bear-
ing. Based on the generated wear height and wear vol-
ume over time the wear rate is calculated. The focus 
for the parameterization is on the linear wear phase af-
ter completion of the run-in process, as the surface 
roughness and contour of the bearing barely change 
here and the wear rate is stationary (cf. Figure 2). The 
stationary wear rate allows a simple calculation of the 
empirical wear parameters as presented in the follow-
ing. 

 
Figure 2: Wear process over time and times of measurement 
of the journal bearings to determine wear 
In order to determine the stationary wear rate the fol-
lowing procedure is used. The journal bearing is re-
moved and measured after ten hours, when the run-in 
process has been completed and a second time after 
twenty hours, when the journal bearing has been oper-
ated ten more hours in the mixed friction regime with 
a stationary wear rate. The equations of the wear mod-
els are rearranged according to the empirical wear pa-
rameter. The empirical wear parameter can then be de-
termined by inserting the stationary wear rate resulting 
from the experiments.  
The calculation of the wear parameter is demonstrated 
exemplarily on the wear model according to AR-
CHARD. In the model according to ARCHARD [19] the 
wear volume is related to the contact force acting on a 
body 𝐹𝐹𝑎𝑎𝑎𝑎𝑎𝑎, the sliding distance 𝑠𝑠𝑅𝑅, the reciprocal of the 
hardness 𝐻𝐻 and a proportionality factor 𝑘𝑘. The propor-
tionality factor 𝑘𝑘 describes the probability of material 
removal due to plastic deformation of the asperity 
peaks and is the wear parameter which has to be deter-
mined experimentally. 

𝑉𝑉𝑉𝑉 =
𝑘𝑘
𝐻𝐻
∙ 𝐹𝐹𝑎𝑎𝑎𝑎𝑎𝑎 ∙ 𝑠𝑠𝑅𝑅 Eq. 1 

By dividing the equation by the journal bearing surface 
and the time, the correlation between the wear rate 
ℎ̇𝑤𝑤𝑤𝑤𝑤𝑤𝑤𝑤, the acting asperity contact pressure 𝑝𝑝𝑎𝑎𝑎𝑎𝑎𝑎 and the 
sliding speed 𝑢𝑢 can be established.  

ℎ̇𝑤𝑤𝑤𝑤𝑤𝑤𝑤𝑤 =
𝑘𝑘
𝐻𝐻
∙ 𝑝𝑝𝑎𝑎𝑎𝑎𝑎𝑎 ∙ 𝑢𝑢 Eq. 2 

Finally, the equation is rearranged according to the 
wear parameter 𝑘𝑘.  

𝑘𝑘 =
ℎ̇𝑤𝑤𝑤𝑤𝑤𝑤𝑤𝑤 ∙ 𝐻𝐻
𝑝𝑝𝑎𝑎𝑎𝑎𝑎𝑎,𝑚𝑚𝑚𝑚𝑚𝑚 ∙ 𝑢𝑢

 Eq. 3 

The contact conditions, such as the asperity contact 
pressure, are required to calculate the wear parameters. 
Here, the maximum asperity contact pressure occur-
ring at the maximum worn point is considered. The 
maximum asperity contact pressure results from an 
EHD calculation considering the real contour and 
roughness.  
For an initial validation of the parameterized wear 
model, the first 20 hours including the run-in process 
are simulated on the component test rig using the tool 
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chain. Afterwards the resulting wear progress is com-
pared with the experiment. Parameterization and vali-
dation are considered successful if the resulting wear 
rate, wear height, wear contour and roughness match 
the experiment. 

4. Wear calculation and comparison to exper-
imental results 
The parameterization of the wear models is carried out 
on a component test rig due to the simple design and 
the rapid reproducibility of the wear results. The com-
ponent test rig enables the testing of radially loaded 
journal bearings under mixed friction conditions. 

4.1. Component test rig 

The component test rig for radially loaded journal 
bearings is displayed in Figure 3. It comprises of an 
electric motor-driven shaft which rotates around the 
inner circumference of the radially-loaded journal 
bearing. The bearing itself is mounted into a rotatable 
enclosure which is pulled against the shaft by a hy-
draulic actuator to apply pressure. The test rig can ex-
ert up to 60 MPa of specific pressure 𝑝̅𝑝 = 𝐹𝐹𝑁𝑁/(𝐵𝐵 ∙ 𝐷𝐷) 
on the journal bearing at sliding speeds ranging from 
0.03 to 3.66 m/s. A force transducer and a lever con-
nected to the bottom of the bearing enclosure forms a 
friction gauge that measures the friction torque in-
duced in the bearing.  

 
Figure 3: Component test rig for journal bearings 

An oil supply unit ensures lubrication of the gap be-
tween shaft and journal bearing. Additionally, bearing 
and lubricant temperatures can be controlled using 
heating cartridges. 

4.1.1. Testing procedure 

The test bearings are manufactured from continuously 
casted CuSn12Ni2-C alloy. The shaft material is 
18CrNiMo7-6 steel. For lubrication a typical wind tur-
bine gearbox oil (Castrol Optigear 320 CT, a PAO with 
viscosity class of ISO VG 320) is used. Further speci-
fications of the journal bearings used for the experi-
ments are given in Table 3. 
Table 3: Specifications of the test bearings 

Parameter Property 
Bearing diameter 120 mm 
Bearing width 30 mm 
Bearing clearance (radial) 90 µm 
Bearing material CuSn12Ni2-C 
Shaft material 18CrNiMo7-6 
Oil ISO VG 320 

For the wear experiments constant operating condi-
tions (according to speed, specific pressure and tem-
perature) in the mixed friction regime are chosen. A 
full duration experiment consists of two test runs with 
a total duration of 10 h each. After each test run the test 
bearing is dismantled from its enclosure for a tactile 
surface measurement. The measurements of the sur-
face contour and roughness are compared to an initial 
measurement of the bearing’s surface characteristics 
performed prior to testing. The tests performed on the 
component test rig and their operating conditions are 
shown in Table 4. 
Table 4: Tests performed on the component test rig 

Load 
case 

Repeti-
tions 

Specific 
pressure 

Sliding 
speed 

Tempera-
ture 

1 
2 

25 MPa 
0.1 m/s 55°C 2 30 MPa 

3 35 MPa 

An exemplary measurement result for the friction mo-
ment 𝑀𝑀𝐹𝐹𝐹𝐹 and the bearing temperature 𝑇𝑇 for the load 
case 25 MPa and 0.1 m/s for the first 10 hours is shown 
in Figure 4. Figure 5 shows the further progression of 
the friction moment 𝑀𝑀𝐹𝐹𝐹𝐹 and the bearing temperature 
𝑇𝑇 for the period: 10 to 20 hours. 

Bearing
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FN

𝐹𝐹R
𝑛
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Hydraulic
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Drive 
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Electric
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Figure 4: Measurement result for the friction moment and 
the bearing temperature measured at the test rig for the 
load case 25 MPa and 0.1 m/s: 0 to 10 hours 

 
Figure 5: Measurement result for the friction moment and 
the bearing temperature measured at the test rig for the 
load case 25 MPa and 0.1 m/s: 10 to 20 hours 

The diagrams show the running-in behaviour of the 
bearing at 25 𝑀𝑀𝑀𝑀𝑀𝑀 of specific pressure and 0.1 𝑚𝑚/𝑠𝑠 of 
sliding speed. During the first hour of operation the 
highest friction occurs. After 1 to 2 hours the friction 
moment has converged towards a constant value which 
indicates a stationary wear rate. 

4.1.2. Wear measurement 

The occurring wear on the test bearings is determined 
by means of a tactile surface measurement. The objec-
tive of the wear measurement is a quantified wear vol-
ume 𝑉𝑉𝑊𝑊, local wear height ℎ𝑊𝑊 and local surface rough-
ness values for different points in time during the test 
campaign. The wear measurement process is visual-
ized in Figure 6. The axial contour of the bearing and 
the corresponding local wear heights are measured at 
specific circumferential positions 𝑖𝑖. Measurements are 
taken prior to testing, after 10 hours and after 20h 
hours of the journal bearing operation in mixed fric-
tion.  

 
Figure 6: Schematic depiction of the tactile measurement 
of the planimetric wear 

By subtracting the worn bearing profile measurement 
from the initial measurement, the surface area at each 
measurement position 𝐴𝐴𝑊𝑊,𝑖𝑖 is obtained. From this so-
called planimetric wear the wear volume 𝑉𝑉𝑊𝑊 is calcu-
lated according to Eq. 4 

𝑉𝑉𝑊𝑊 = �𝑙𝑙𝑊𝑊,𝑖𝑖 ∙ 𝐴𝐴𝑊𝑊,𝑖𝑖

𝑁𝑁

𝑖𝑖=1

 Eq. 4 

with 𝑙𝑙𝑊𝑊,𝑖𝑖 being the bow length between the different 
measurement positions. In this approach the wear pro-
file 𝐴𝐴𝑊𝑊,𝑖𝑖 is assumed to be constant within each inter-
val. 

Table 5 shows the operating points and the correspond-
ing results of the max. measured wear height and wear 
volume after 10 and 20 hours. Based on the wear re-
sults the wear rate is calculated and additionally shown 
in Table 5. 
Table 5: Determined wear height, wear volume and wear 
rate from the wear tests on the component test rig 

Load case Wear height/ 
wear volume 

after 10h 

Wear height/ 
wear volume 

after 20h 

Wear rate 

25 MPa,  
0.1 m/s 

4.5 µm 
1.7 mm³ 

4.9 µm 
2.5 mm³ 

0.04 µm/h 
0.08 mm³/h 

30 MPa, 
0.1 m/s 

2.6 µm 
2.9 mm³ 

3.7 µm 
3.4 mm³ 

0.11 µm/h 
0.15 mm³/h 

35 MPa, 
0.1 m/s 

10.3 µm 
14.0 mm³ 

12.3 µm 
15.2 mm³ 

0.20 µm/h 
0.12 mm³/h 

4.1.3. Parameterization results of the wear models 
The wear measured on the test bearings is used to pa-
rameterize the different wear models introduced be-
fore. The considered wear models are the models ac-
cording to ARCHARD, FLEISCHER, CHUN, XIANG and 
LIJESH [3-7]. Since the models according to HOLM, 
ROWE and BRYANT only represent preliminary devel-
opment stages of the previously mentioned models, 
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they are not considered further. In Table 6 the deter-
mined experimental wear parameters for the wear 
models are shown. 
Table 6: Determined experimental parameters of the wear 
models 
Wear 
model 

Parameter Value 
25 MPa 

Value 
30 MPa 

Value 
35 MPa 

ARCHARD 𝑘𝑘 1.392·10
-8 [-] 

3.829·10
-8 [-] 

6.962·10
-8 [-] 

FLEISCHER  𝑒𝑒𝑅𝑅∗  1.894·10
17 [J/m³] 

6.885·10
16 [J/m³] 

3.787·10
16 [J/m³] 

LIJESH  ℎ̇0 1250.10 
µm/h 

185.65 
µm/h 

125.01 
µm/h 

 ℎ̇𝑠𝑠 0.04 
µm/h 

0.11 
µm/h 

0.20 
µm/h 

 𝜏𝜏𝑤𝑤𝑤𝑤 0,2 h 0,2 h 0,2 h 
XIANG 𝜅𝜅 1.753 [-] 1.832 [-] 1.947 [-] 
CHUN 𝑘𝑘𝐶𝐶 3.634·10

-6 [-] 
9.997·10
-7 [-] 

1.818·10
-6 [-] 

The degradation coefficient 𝐵𝐵(𝑡𝑡) according to LIJESH 
is a time-dependent value and can be calculated using 
the following formula:  

𝐵𝐵(𝑡𝑡) =
ℎ̇𝑠𝑠 ∙ �1 + �ℎ̇0

ℎ̇𝑠𝑠
− 1� ∙ 𝑒𝑒−

𝑡𝑡
𝜏𝜏𝑤𝑤𝑤𝑤� ∙ 𝑇𝑇

𝑢𝑢 ∙ 𝑝𝑝𝑎𝑎𝑎𝑎𝑎𝑎,𝑚𝑚𝑚𝑚𝑚𝑚 
 

Eq. 5 

The degradation coefficient comprises the initial wear 
rate ℎ̇0, the stationary wear rate ℎ̇𝑠𝑠 (applies after the 
run-in process) a time constant 𝜏𝜏𝑤𝑤𝑤𝑤 to describe the du-
ration of the running-in process, the effective bearing 
temperature 𝑇𝑇, the circumferential speed 𝑢𝑢 and the as-
perity contact pressure 𝑝𝑝𝑎𝑎𝑎𝑎𝑎𝑎. For the determination of 
the degradation coefficient, the maximum asperity 
contact pressure 𝑝𝑝𝑎𝑎𝑎𝑎𝑎𝑎,𝑚𝑚𝑚𝑚𝑚𝑚 resulting from an EHD-cal-
culation with the measured bearing contour and bear-
ing roughness was considered.  
In the following, the results of the wear simulation are 
shown exemplarily for the load case 35 MPa and 0.1 
m/s. Figure 7 shows the max. experimentally deter-
mined wear height compared to the calculated wear 
height over time. Figure 8 shows the max. calculated 
wear rate over time in comparison to the experimental 
wear rate determined in the stationary state. The results 
of the CHUN and ARCHARD wear models are identical. 
Therefore, the wear model according to CHUN is not 
shown here.  
The simulated wear height ℎ𝑊𝑊,𝑠𝑠𝑠𝑠𝑠𝑠 after 20 hours is 
11.63 µm for the LIJESH wear model, 5.03 µm for the 
ARCHARD wear model, 3.59 µm for the FLEISCHER 
wear model and 3.01 µm for the XIANG wear model. 
The experimentally determined wear height ℎ𝑊𝑊,𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚 
within two repetition tests is 11.68 µm and 12.90 µm. 
The wear models according to ARCHARD, FLEISCHER 
and LIJESH show a simulated wear rate ℎ̇𝑊𝑊,𝑠𝑠𝑠𝑠𝑠𝑠 after 
20 h of 0.15 – 0.25 µm/h, which is corresponding to 
the experiments. The wear models according to XIANG 
shows a significantly lower simulated wear rate ℎ̇𝑊𝑊,𝑠𝑠𝑠𝑠𝑠𝑠 

of 0.02 µm/h and thus does not show good agreement 
with the experimental results. Only the wear model ac-
cording to LIJESH reaches the experimentally deter-
mined absolute wear height ℎ𝑊𝑊 of 11.6 – 12.2 µm and 
stationary wear rate ℎ̇𝑊𝑊 of 0.2 µm/h at the same time. 
This is due to the time-variant wear coefficient in the 
LIJESH model, varying especially during the run-in 
phase. In this way, the wear generated during the run-
in phase can be modelled more accurately by the sim-
ulation tool chain. 

 
Figure 7: Experimental determined and calculated wear 
height over time on the component test rig 

 
Figure 8: Experimental determined and calculated wear 
rate over time on the component test rig 

Considering the progression of the wear curves in Fig-
ure 7 it can be determined after which time the run-in 
process is complete. In the wear calculation according 
to ARCHARD and FLEISCHER, the run-in process is 
completed after approx. 5 to 10 hours. The transient 
wear rate changes to a constant wear rate after 10 hours 
and the surface roughness parameters do not change 
any further. In the wear calculation according to LI-
JESH, the run-in process is completed after 1 to 2 hours. 
The friction torque measured in the experiment is used 
to compare the simulated run-in process with the ex-
periment (cf. Figure 4). Figure 4 shows that the friction 
torque assumes a stationary value of 11 Nm after ap-
prox. 1 to 2 hours. Reaching a stationary value of the 
frictional torque indicates that the surface properties of 
the journal bearing in the experiments barely change 
any further and the run-in process is complete. Since 
the run-in time of approx. 1 to 2 hours determined ex-
perimentally corresponds best with the simulated run-
in time of 1 to 2 hours, the wear model according to 
LIJESH is therefore the most suitable wear model for 
representing the run-in process. 
Figure 9 shows the calculated wear contour of the jour-
nal bearing and compares it with the experimentally 
determined wear contour after 0 hours (initial contour) 
and 20 hours (worn contour). The wear contour calcu-
lated using the LIJESH wear model comes closest to the 
experimentally determined wear contour. 
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Figure 9: Comparison of experimental determined initial 
and worn contour of the journal bearing and comparison 
with the simulation results 

Since the wear calculation according to LIJESH corre-
sponds best with the experimental wear results, the 
wear calculations according to LIJESH are focused in 
the following. Figure 10 shows the initial roughness of 
the surface and the according to LIJESH calculated 
roughness after 10 hours and compares this with the 
roughness measured in the experiment (see Figure 11). 
Both the nominal values of the resulting roughness af-
ter 10 hours and the areas of smoothing roughness are 
in good agreement between the simulation and the ex-
periment.   

 
Figure 10: Simulated roughness profile after t=0h and 
t=10h 

 

 
Figure 11: Experimental determined roughness profile 
after t=0h and t=10h 

Figure 12 shows the wear progress calculated using the 
LIJESH wear model for the load cases 25 MPa, 30 MPa 
and 35 MPa at 0.1 m/s and compares this with the ex-
perimentally determined wear heights. Overall, a good 
agreement between simulation and experiment can be 
observed. 

 
Figure 12: Experimental determined wear height and 
wear height calculated by the LIJESH model for 25 MPa, 
30 MPa and 35 MPa at 0.1 m/s 

In order to transfer the wear calculation according to 
LIJESH to other systems, the locally occurring asperity 
contact pressure is considered at the three operating 
points. The hypothesis is that the wear parameter of the 
LIJESH model can be transferred to systems that expe-
rience the same local asperity contact pressure. Figure 
13 shows the simulated asperity contact pressure of the 
component test rig bearing with consideration of the 
measured worn in bearing profile and roughness after 
10 hours. The resulting asperity contact pressure is 
shown for the three operating points a) 25 MPa, b) 30 
MPa and c) 35 MPa at 0.1 m/s.  
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a) 

 
b) 

 
c) 

Figure 13: Simulated asperity contact pressure of compo-
nent test rig bearing with worn in bearing profile and 
roughness for a) 25 MPa, b) 30 MPa and c) 35 MPa at 
0.1 m/s 

The maximum asperity contact pressure for load case 
35 MPa and 0,1 m/s is 53 MPa, for load case 30 MPa 
and 0,1 m/s 45 MPa and for load case 25 MPa and 
0,1 m/s 40 MPa. The values of the asperity contact 
pressures are later compared with the values of the as-
perity contact pressures calculated for the subsystem 
test rig in order to select the correct parameter set for 
the LIJESH wear model from Table 6. 

4.2. Subsystem test rig 
The following section first describes the design and 
functionality of the subsystem test rig and the con-
ducted experiments, followed by a description of the 
method for the transfer of the tool chain to the subsys-
tem test rig. The subsystem test rig consists of three 
gear wheels, which represent the sun, planet and ring 
gear of a planetary gearbox. The tested journal bearing 
is positioned in the planet gear. Due to the arrangement 
of the subsystem test rig it is able to reproduce the real 
load situations of a planetary journal bearings induced 
by the forces in the tooth contact, such as radial, planet 
tilting in case of a helical gearing and planet ovaliza-
tion (cf. Figure 14).  

 
Figure 14: Load situations in a planetary gear journal bear-
ing 
An overview of the test rig is given in Figure 15 [8]. 
The loading on the journal bearing results from the two 
gear contacts to the sun and ring gear, which leads to 
comparable bearing loads as in wind turbine planetary 
gearboxes. This results in the test rig being able to 
reach specific bearing pressures of up to 15 MPa and 
sliding speeds of 0.6 m/s.  

 

 

Figure 15: Subsystem test rig (top) and schematic structure 
of the subsystem test rig (bottom) 

The bearing temperature is monitored at two positions. 
These are placed below the bearing surface at each side 
of the load zone. The temperature of the lubricant can 
be controlled by use of heating cartridges. A thermoe-
lectric voltage measurement system (Schaller 
BEAROMOS®2020) is used at the journal bearing to 
determine possible mixed friction conditions. 

4.2.4. Testing procedure and results 
The test bearings are manufactured from continuously 
casted CuSn12Ni2-C alloy. The gear material is 
18CrNiMo7-6 steel. For lubrication the Castrol Opti-
gear 320 CT is used. Further specifications of the jour-
nal bearings used for the experiments are given in Ta-
ble 7. 
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Table 7: Specifications of the test bearings 

Parameter Property 
Bearing diameter 100 mm 
Bearing width 112 mm 
Bearing clearance (radial) 55 µm 
Bearing material CuSn12Ni2-C 
Shaft material 18CrNiMo7-6 
Oil ISO VG 320 

At the test rig two types of experiments are carried out 
to validate the developed tool chain. The first experi-
ment is for determining the Stribeck curve, in particu-
lar the transition from hydrodynamic to mixed friction 
regime. With this experiment it is possible to validate 
the EHD-model on which the tool chain is based on. 
The second experiment is for determining the wear 
volume and wear height after a defined time of operat-
ing the journal bearing in mixed friction regime and is 
used to validate the wear results of the tool chain under 
realistic load conditions for planetary journal bearings. 
For the Stribeck curve tests the bearing is operated in 
the hydrodynamic lubrication regime and the sliding 
speed is reduced in steps to enter the mixed lubrication 
state. The change of regime is visible in the contact re-
sistance measurement and is compared to the EHD re-
sults. For reasons of scope, the experiments on the 
Stribeck curve and the validation of the EHD model 
will be discussed in more detail in a future paper. In 
this paper, the focus is on the wear experiments to de-
termine the generated wear. For the wear experiments 
the test rig is operated in the mixed friction regime for 
several hours (up until 24 h), after which the tested 
bearing is disassembled. After the testing, the bearing 
surface is measured considering the surface contour, 
roundness and roughness. The measurement positions 
are given in Figure 16. The wear height and wear vol-
ume are measured analogue to the aforementioned ap-
proach (cf. Figure 6). 

 
Figure 16. Measurement positions of roughness, round-
ness and contour of the planetary bearing 

Table 8 shows the tests carried out on the subsystem 
test rig for the transfer and validation of the tool chain 
at subsystem level. The test bearing was operated for 
24 hours at a constant operating point in mixed fric-
tion.  

Table 8: Tests performed on the subsystem test rig 

Load 
case 

Repeti-
tions 

Specific 
press. 

Sliding 
speed 

Tem-
perature 

Dura-
tion 

1 1 12 MPa 0.1 m/s 50°C 24h 

In Figure 17 the thermoelectric voltage results of the 
24-hour wear experiment are given. The subsystem 
test rig was operated with a constant lubricant temper-
ature of 50 ºC. The temperature of the bearing re-
mained at a constant temperature of 50 ºC as well. 
Nevertheless, the thermoelectric voltage signal shows 
a strong drift of -50 µV to 50 µV in the first hour, 
which is an indicator of the run-in process. After the 
first hour, the thermoelectric voltage shows a positive 
and wavy pattern in the range of 50 µV which indicates 
constant mixed friction conditions during the entire 
testing time. It can therefore be concluded that the run-
in process was completed within the first hour, that the 
journal bearing was then operated continuously under 
mixed friction and that wear was generated continu-
ously during that time. 

 
Figure 17. Contact resistance signal for a 24h wear ex-
periment with 12 MPa specific pressure, 0.1 m/s sliding 
speed and lubricant temperature of 50 ºC 

4.2.5. Validation of tool chain 
In order to validate the tool chain and the wear models 
with respect to the application to journal bearings in 
planetary gears in wind turbines, the experimental re-
sults of the three-shaft test rig are compared with the 
results of the calculated wear. For the selection of the 
correct wear parameters, the aforementioned method-
ology was used: First the asperity contact pressure oc-
curring in the subsystem test rig under the considered 
load case of 12 MPa and 0.1 m/s (see Figure 18) was 
examined and compared with the asperity contact pres-
sure of the component test rig (see Figure 13). Then 
the wear parameters from Table 6 were selected ac-
cording to the load case on the component test rig, 
which leads to similar local asperity contact pressures 
observed on the subsystem test rig. This applied to the 
wear parameters of load case 35 MPa and 0.1 m/s 
since the maximum simulated asperity contact pres-
sure in this load case is 53 MPa, which is comparable 
to the maximum asperity contact pressure occurring on 
the subsystem test rig (cf. Figure 13 and Figure 18). 
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Figure 18: Simulated asperity contact pressure of 
subsystem test rig bearing with worn in bearing pro-
file and roughness for 12 MPa an 0.1 m/s 

Therefore, in the following the wear parameters in Ta-
ble 6 for the operating point of 35 MPa and 0.1 m/s 
were used. Figure 19 shows the maximum simulated 
wear height ℎ𝑊𝑊,𝑠𝑠𝑠𝑠𝑠𝑠 over time for the ARCHARD, 
FLEISCHER and LIJESH wear model on the subsystem 
test rig in comparison with experimental results. Since 
the XIANG wear model did not show good agreements 
with the experimental results in regard to the wear 
height and wear rate in the previous chapter, the wear 
calculation according to XIANG was neglected here. 

 
Figure 19: Experimental determined and calculated wear 
height over time on the subsystem test rig 

It can be seen in Figure 19 that the simulated wear 
height ℎ𝑊𝑊,𝑠𝑠𝑠𝑠𝑠𝑠 is 1.34 µm for the LIJESH wear model, 
1.14 µm for the ARCHARD wear model and 0.42 µm 
for the FLEISCHER wear model. The experimentally de-
termined wear height ℎ𝑊𝑊,𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚 is 1.31 µm. The run-in 
process calculated with the LIJESH wear model is com-
pleted after 2 h, the run-in process calculated with the 
ARCHARD and FLEISCHER wear model is completed af-
ter approx. 15 h. The calculated wear height according 
to ARCHARD and FLEISCHER again shows a deviation 
from the experimental determined wear height. Never-
theless, the wear height calculated with the ARCHARD 
wear model comes very close to the experimentally de-
termined wear height for the subsystem test rig model. 
The wear calculation according to LIJESH again shows 
the best agreement between the calculated and the ex-
perimentally determined wear height ℎ𝑊𝑊. The wear 
calculation according to LIJESH also shows good 
agreement with the experiment in terms of the duration 
of the run-in process (cf. Figure 17). 

Figure 20 shows the initial roughness of the surface 
and the according to LIJESH calculated roughness after 
10 hours. This can be compared with the roughness 
measured in the experiment (see Figure 21). The nom-
inal values of the resulting roughness after 24 hours are 

in good agreement between the simulation and the ex-
periment.  However, deviations can be seen in the ar-
eas of smoothed roughness. While only a smoothing of 
the roughness at the edges can be seen in the simula-
tion, the roughness in the experiment is smoothed 
within a larger area, which extends further into the cen-
ter of the journal bearing. In addition, the area of 
roughness smoothing at the lower edge of the journal 
bearing is slightly shifted. This indicates that the cal-
culation of the component deformation in the built-up 
EHD model of the subsystem test rig differs slightly 
from reality. The EHD model of the subsystem test rig 
will therefore be validated and optimized further in fu-
ture. 

 
Figure 20: Simulated roughness profile after t=0h and 
t=24h 

 

 
Figure 21: Experimental determined roughness profile 
after t=0h and t=24h 

5. Conclusion 
This work presents a multiscale tool chain for the wear 
calculation of planetary gear journal bearings in wind 
turbines, its parameterization on component level and 
its transfer and validation on subsystem level. With a 
combined multi-body and elasto-hydrodynamic simu-
lation the conditions of the sliding contact such as hy-
drodynamic pressure and oil film height are calculated. 
Subsequently using an implemented contact model, 
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the asperity contact is calculated which is input for the 
wear models according to ARCHARD, FLEISCHER, LI-
JESH, XIANG and CHUN, which were considered in the 
tool chain. Based on these wear models the tool chain 
is able to calculate the resulting wear. Due to a contin-
uous adaption of the journal bearing contour and sur-
face roughness during the wear process an iterative 
calculation method was implemented in order to ac-
count for the continuous journal bearing contour and 
surface roughness adaption. The wear parameters of 
the different wear models were parameterized using a 
developed parameterization method. Input for the pa-
rameterization were the wear results generated on a 
component test rig. This component test rig has a sim-
ple design and at the same time can reliably operate the 
test bearings in a mixed friction condition while sim-
ultaneously measuring the frictional torque, thus ena-
bling rapid reproducibility of the wear results. The tool 
chain was transferred to a subsystem test rig and the 
wear calculated with the tool chain was successfully 
validated on a subsystem test rig that reproduces real 
load conditions comparable to those in planetary jour-
nal bearings in wind turbines. In this way, the applica-
bility of the tool chain for use on planetary journal 
bearings in wind turbines was proven. 
The findings can be summarized as follows:  
The parameterization of the wear models showed that 
the models according to ARCHARD and CHUN lead to 
exactly same wear results. Therefore, the wear model 
according to CHUN were neglected in the further 
course. The parameterized models according to AR-
CHARD, FLEISCHER and LIJESH correctly predict the 
wear in the stationary wear phase (after the run-in pro-
cess). The functionality of the parameterization 
method was therefore fundamentally proven. Never-
theless, only the model according to LIJESH achieves 
the overall predicted wear height, while ARCHARD and 
FLEISCHER underestimate the wear height. The XIANG 
wear model underestimated both: wear height and 
wear rate. Furthermore, it could be shown that the 
model according to LIJESH is the only model, which 
predicts the run-in process accurately. The good agree-
ment of the wear results generated with the LIJESH 
model can be explained by the degradation coefficient, 
which can be described as a function of time. The wear 
calculation using the LIJESH model was then success-
fully transferred and validated for one load case on the 
subsystem test rig.  

6. Outlook 
In future, further parameterization will be carried out 
in order to consider further wind turbine relevant oper-
ating points such as single blade installation or wind 
turbine start-ups. In addition, the transferability of the 
tool chain to the subsystem test rig will be further val-
idated by considering these operating points. 
In addition to the calculation of the mainly slowly pro-
gressing contour and roughness changes due to wear 
processes considered here, future work will also focus 
on short-term events leading to spontaneous failures of 
planetary journal bearings. This includes consideration 
of seizure of the planetary journal bearings, which re-
sults from a disturbance of the thermal equilibrium of 

the journal bearing. In order to examine the thermal 
behaviour of the journal bearing under seizure-critical 
load cases, high thermal inputs due to a lack of lubri-
cant supply or short-term overloads at high sliding 
speeds are considered. 
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Abstract - Global ecological and economic changes necessitate innovative manufacturing technologies that pro-
mote resource conservation. In manufacturing, significant potential exists to optimize processes, particularly by 
targeting residual stresses to enhance the fatigue strength of components. This study investigates an innovative 
hard turn-rolling process, where the heat generated during hard turning is utilized for a simultaneously conducted 
deep rolling process. The aim is to gain a deeper understanding of the thermal interactions between these processes 
and their impact on component service life.  
Previous studies have shown that the separate application of hard turning and deep rolling can extend the fatigue 
life of rolling bearings. In contrast, the combined hard turn-rolling process, despite achieving high compressive 
residual stresses, did not improve fatigue life and, in some cases, even reduced it. This phenomenon may be at-
tributed to uncontrolled thermal effects in the process, leading to undesirable material changes. To address this, 
experimental investigations were conducted, focusing on the process parameters and their influence on the material 
properties of the boundary zone. Detailed material analyses, including microstructural examinations and residual 
stress measurements, provided insights into the thermal and mechanical effects of the combined process. 
This work aims to analyze the interactions between thermal and mechanical effects in the combined hard turn-
rolling process. The findings contribute to the development of strategies for process optimization and improving 
the fatigue life of components. 

Keywords – bearings, fatigue life, boundary zone characteristics, hard turning, deep rolling 

1. Introduction
For bearing fatigue life, the boundary zone character-
istics of bearings have a significant impact. The term 
boundary zone refers to the volume area of the work-
piece properties of which are influenced by a machin-
ing process [1]. The most important attributes of the 
boundary zone are hardness, texture, microstructure, 
residual stresses, and defects like cracks or material 
faults. Studies have shown, that the functional compo-
nent behavior under cyclic and quasi-static loading is 
significantly influenced by these properties [2-5]. Ac-
cording to Sollich, the wear resistance and fatigue life 
of highly loaded components are significantly influ-
enced by the residual stresses [6]. Thus, compressive 
residual stresses can lead to an increase in operational 
strength, as they counteract crack initiation and propa-
gation. Tensile residual stresses, on the other hand, 
have a negative influence on component life [6- 9]. 
Denkena et al. were able to show that the fatigue life 
of rolling bearings can be increased by the targeted in-
duction of compressive residual stresses. However, it 
should be noted that the achievable increase in fatigue 
life depends on the strength of the material and the spe-
cific residual stress state [10]. 
The nomenclature used in this paper is listed in Table 
1. 

Table 1: Nomenclature. 

Parameter Description 
f 

HG 
p 
v 
F 
T 

Tmax 
t 
β 

HV 
σ 
n 
C 
P 
B 

Feed 
Hydrostatical deep rolling tool 
Pressure 
Velocity 
Failure probability 
Temperature 
Characteristic fatigue life 
Operating time 
Shape parameter 
Vickers hardness 
Stress 
Rotational speed 
Load capacity 
Equivalent load 
Experimental lifetime 

2. Hard turning and deep rolling process
The machining process has a significant impact on the 
properties of components, making the manufacturing 
process crucial. Typically, rolling bearings are finished 
through honing and grinding. The combined approach 
of hard turning and deep rolling is an innovative 
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method and will be described below. Figure 1 illus-
trates the tool used in the hard turning and deep rolling 
process. It consists of a cutting tool and a deep rolling 
tool, arranged in direct succession. This allows the 
bearing ring to be manufactured in a single process 
step. 

 
Figure 1: Hard turning and deep rolling tool. 
The process can be defined by the parameters feed rate 
f, velocity vc, and rolling pressure pW, as shown in fig-
ure 2. The listed parameters of the machining process 
can significantly influence the properties of the bound-
ary zone. 

 
Figure 2: Schematic diagram of the hard turning and deep 
rolling process. 
The cutting edge generates a high local heat input into 
the component during material removal. The thermally 
affected zone extends up to the deep rolling tool, 
thereby influencing the mechanical process of deep 
rolling. By adjusting the distance between the hard 
turning tool and the roller deep rolling tool, the overall 
process can also be influenced. 
Given the inherent complexity of the hard turning pro-
cess and the multitude of parameter variations it in-
volves, this work focuses on understanding the inter-
play between thermal and mechanical processes. To 
achieve this, the conventional hard turning process is 
replaced with an inductive heating source, which ena-
bles precise control of the thermal energy input into the 
workpiece, as shown in figure 3. This approach allows 
for accurate management of temperature distribution 
within the workpiece and facilitates a deeper under-
standing of the interactions between thermal effects 
and mechanical processing conditions. 

  

Figure 3: Principle process setup (left) and machine config-
uration (right). 
 

3. Material analysis 
In this study, a cylindrical roller bearing of type 
NU206 is used as test specimen (see figure 4). 

 
Figure 4: Cylindrical roller bearing of type NU206. 
Table 2 shows the key dimensions of the bearing.  
Table 2: Dimension of test specimen. 

Type: NU206 
Shaft-Ø: 30 mm 
Outer-Ø: 62 mm 
Width: 16 mm 

Cr: 46 kN 
Material: 100Cr6 

A typical operational load for the bearing corresponds 
to a load ratio of 4. The resulting maximum Hertzian 
pressure on the inner ring is approximately 2.5 GPa. 
Figure 5 shows the Hertzian pressure distribution. 

 
Figure 5: Hertzian pressure distribution for a NU206 bear-
ing and a load ration of 4. 
 Figure 6 illustrates the resulting stress state below the 
surface. During rolling contact, the highest stresses oc-
cur below the surface. Therefore, the properties of the 
boundary zone are of particular interest. In this work 
and for the corresponding bearing, the boundary zone 
is defined as the first 300 μm beneath the surface. The 
maximum stress in this case is observed at a depth of 
112 μm. The aim is to improve the boundary zone 
characteristics in this area through a targeted machin-
ing process to increase the bearing's fatigue life. 

 
Figure 6: Von Mises stress distribution for maximal Hertzian 
pressure of 2.5 GPa. 
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To analyze the thermal influence on the deep rolling 
process, the experimental setup shown in Figure 3 is 
used. This setup allows for precise control of the de-
sired surface temperature, as previously described. For 
the machining process, reference bearing inner rings 
with a ground and honed surface are used as the test 
specimen. The relevant machining process parameters 
are listed in Table 3. 
Table 3: Machining process parameters. 

Rolling tool: HG-6 
Induction heating: Himmelwerk SINUS 105 
Feed rate f: 0.12 mm 
Rolling speed vC: 100 m/min 
Rolling pressure pw: 200 bar 
Roll. temperature T*: 20 – 400 °C 

*Surface temperature 
The following sections discuss the relevant surface and 
boundary zone characteristics, including hardness, re-
sidual stress state, and microstructural condition. 

3.1. Hardness analysis 
The temperature at the component surface was meas-
ured using a pyrometer to ensure accurate readings. 
The surface hardness measurements (see fig. 7) after 
deep rolling at elevated temperatures show no signifi-
cant difference between the reference bearing inner 
ring, which was not deep rolled, and the inner ring that 
was deep rolled at room temperature. At an elevated 
deep rolling temperature of 100 °C, an increase in sur-
face hardness of 50 HV1 is observed, reaching approx-
imately 800 HV1. With further increases in deep roll-
ing temperature, the surface hardness decreases and 
falls below the reference hardness at temperatures 
above 300°C. 

 
Figure 7: Hardness measurement at the surface after deep 
rolling at elevated temperatures. 
The measurements were conducted in the middle of the 
raceway. Figure 8 shows the measured hardness-depth 
profiles. No significant changes are observed up to 200 
°C. The hardness is highest close to the surface, rang-
ing between 850 and 900 HV0.02. With increasing 
depth, the hardness decreases slightly and stabilizes at 
around 800 HV0.02. For the high deep rolling temper-
atures of 300 °C and 400 °C, the overall shape of the 
measured hardness profile remains the same, but at a 
lower level. At 300 °C, a hardness reduction of 12 % 
is observed, and at 400 °C, a reduction of 23 % is de-
tectable.  

 
Figure 8: Measured hardness-depth-profiles after deep roll-
ing at different temperatures. 

3.2. Residual stress analysis 
Figure 9 and 10 show the results of the radiographic 
residual stress measurement of the deep rolled inner 
rings at different surface temperatures. Figure 9 shows 
the measured residual stresses in the circumferential 
direction, while Figure 10 presents the residual stresses 
in the axial direction. The measurements were con-
ducted in the middle of the raceway. In both cases the 
measured profiles show high compressive residual 
stresses at the surface, which were caused by the hon-
ing and grinding processes of the original specimen. 
Subsequently, the compressive residual stresses de-
crease briefly before rising again, reaching a maximum 
at a depth of approximately 100 μm. After this maxi-
mum, the compressive residual stresses decrease to 
zero. No compressive residual stresses are detectable 
beyond a depth of 350 μm. Additionally, it should be 
noted that no tensile residual stresses were introduced 
during the deep rolling process. 

 
Figure 9: Measured residual stress-depth-profile in circum-
ferential direction. 
The residual stress profiles for the deep rolled bearing 
inner rings show no significant difference in the cir-
cumferential direction at temperatures ranging from 20 
to 200 °C. It is only at temperatures above 200°C that 
a noticeable decrease in the maximum introduced 
compressive residual stress is observed. At a deep roll-
ing temperature of 300°C, the maximum introduced 
compressive residual stress is reduced by 40%, and at 
400°C, it is reduced by 80%. However, the depth of the 
maximum introduced compressive residual stress does 
not change compared to lower temperatures. 
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Figure 10: Measured residual stress-depth-profile in axial 
direction. 
The residual stress profiles in the axial direction (see 
figure 10) are qualitatively similar to those in the cir-
cumferential direction (see figure 9). However, it is 
noteworthy that at 100 and 200 °C, the residual stress 
profiles exhibit a compressive stress maximum that is 
20% higher than the reference value at 20 °C. Figure 
11 highlights the measured residual stress profile near 
the surface at a depth of up to 100 µm. 

 

 
Figure 11: Measured residual stress-depth-profile close to 
the surface. 
This difference is clearly highlighted in Figure 12, 
which compares the measured residual stress values at 
a depth of 100 μm in both the circumferential and axial 
directions. For the reference specimen, deep rolled at 
20°C, there is no difference between the axial and cir-
cumferential directions. However, at elevated temper-
atures, a significant difference between the two direc-
tions is observed. This may result in a less favorable 
stress state in the boundary zone, potentially nega-
tively impacting the bearing's fatigue life. 

 
Figure 12: Comparison of the measured circumferential and 
axial residual stresses at a depth of 100 μm. 

3.3. Microstructure 
Figure 13 shows the microstructure at different deep 
rolling temperatures ranging from 100°C to 400°C. 
The samples were ground, polished, and etched. In all 
images, the martensitic microstructure is visible. There 
is no significant difference in microstructure observed 
with varying temperatures. 

 
Figure 13: Micrographs of deep rolled inner rings at ele-
vated temperatures. 

4. Fatigue tests 
To investigate the influence of temperature on the deep 
rolling process and ultimately optimize the combined 
process of hard turning and deep rolling, the test plan 
shown in Figure 14 is implemented. 

 
Figure 14: Test plan. 
First, reference data are required to compare with the 
deep rolled samples. Reference bearings with honed 
and ground surfaces are used for this purpose. In the 
next step, honed and ground bearings are deep rolled 
at room temperature (20 °C). This allows for an assess-
ment of the influence of the introduced residual 
stresses at room temperature, isolating the mechanical 
component of the combined process. In a third step, 
bearings are tested with elevated temperatures during 
the deep rolling process. The effect of temperature can 
then be compared between step two and step three. The 
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findings can be used in a final step to optimize the ac-
tual combined process of hard turning and deep roll-
ing. This report presents the fatigue life tests from the 
first and second step. 

4.1. Test rig and test design 
The fatigue life tests were carried out with NU206 cy-
lindrical roller bearings (see figure 4 and table 2). The 
figure below shows the test rig setup used. 
 

 
Figure 15: Four-bearing test rig. 
The four-bearing design and the use of the sudden 
death method make it possible to test four bearings 
simultaneously in one life test. For this purpose, four 
bearings are operated per test until one bearing fails. 
The failed bearing is counted as a failure and the other 
three bearings are included as withdrawals in the 
Weibull evaluation. The statistical evaluation of the fa-
tigue life tests was performed according to Weibull 
[11]. Only pitting or spalling damages to the inner ring 
were evaluated as failures; damages to the outer ring 
and the rolling elements were included in the evalua-
tion as withdrawals. This is done in order to focus on 
a defined load situation in the rolling element inner 
ring contact and only the inner rings were treated with 
the deep rolling process. 
The tests were conducted under a constant load with a 
load ratio of 4. This resulted in a maximum Hertzian 
pressure of 2.5 GPa on the inner ring. Full lubrication 
was maintained at a rotational speed of 4050 rpm and 
an operating temperature of 51°C. The test parameters 
are summarized in Table 4. 
Table 4: Test parameters. 

Load ratio C/P: 4 
Max. Hertzian pressure pmax: 2.5 GPa 
Speed n: 4050 rpm 
Operating temperature T: 51 °C 
Oil: Renolin CLP 68 
Lubrication: Full film 

Three fatigue life test series were conducted. The first 
test series (black) serves as the reference. For this se-
ries, reference bearings with honed and ground sur-
faces were used, and no additional processing step or 

initial residual stress state was introduced before the 
test. Test series two (red) and three (blue) also used 
honed and ground bearings, but these were addition-
ally deep rolled at room temperature (20 °C). The dif-
ference between test series two and three lies in the 
deep rolling pressure pW used. The specific parameters 
for each test series are detailed in Table 5. 
Table 5: Process parameters of the fatigue test samples. 

Test 
series 

Surface Deep 
rolled 

Pres-
sure pW 

Rolling 
temp. T 

1 
(black) 

honed & 
ground no - - 

2 (red) honed & 
ground yes 400 bar 20 °C 

(RT) 

3 (blue) honed & 
ground yes 200 bar 20 °C 

(RT) 

4.2. Boundary zone characteristics 
The measured boundary zone characteristics, such as 
hardness and residual stress state, of the inner rings 
used in the test series are shown in figures 15 and 16. 

 
Figure 16: Measured hardness-depth-profiles after deep 
rolling at room temperature (red) and a reference bearing 
just honed and ground without deep rolling (black). 
As shown in figure 16, there are no significant differ-
ences in the hardness depth profiles between the refer-
ence bearing and the bearing deep rolled at pW=400 
bar. Differences in hardness values are observed only 
in the near-surface region. 
In contrast, the residual stress states of the samples 
from the respective test series show significant differ-
ences in the initial condition of the fatigue life tests, as 
seen in figure 17. 

 
Figure 17: Measured residual stress-depth-profile in cir-
cumferential and axial direction. 
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The initial state of the reference bearing (black) exhib-
its compressive residual stresses only in the near-sur-
face region, which were introduced by the honing and 
grinding process. These residual stresses quickly de-
crease to zero with depth. Further residual stress meas-
urements of the reference bearing after 17 million rev-
olutions at a load ratio of 4 reveal the induced residual 
stress state. It is evident that the rolling load introduces 
additional residual stresses into the component, which 
can influence the resulting stress state. The maximum 
compressive residual stress is 600 MPa and occurs at a 
depth of approximately 150 μm. 
The additional deep rolling process induced significant 
initial compressive residual stresses, as evidenced by 
the red and blue curves. In the second experimental se-
ries (red), where the samples were subjected to a roll-
ing pressure of 400 bar, the maximum compressive re-
sidual stresses range from 1200 to 1500 MPa. The 
depth at which these maximum compressive residual 
stresses occur ranges from 100 to 200 µm. In the third 
experimental series (blue), where the samples were 
subjected to a rolling pressure of 200 bar, the maxi-
mum compressive residual stresses are 1000 MPa. The 
depth at which these maximum compressive residual 
stresses occur is 100 µm. 

4.3. Results 
The results of the lifetime tests are presented below. 
Figure 18 displays the Weibull distributions for the 
three experimental series. 

 
Figure 18: Weibull diagram of the fatigue life tests. 
The test series with the reference bearings (black) 
achieves a fatigue life of 132 million revolutions at a 
failure probability of 10%. The inner rings of the bear-
ings, which were processed with a rolling pressure of 
400 bar (red), achieve a fatigue life of 84 million rev-
olutions. Compared to the reference bearing, the initial 
residual stress state resulted in a 35% reduction in fa-
tigue life. This suggests that the introduced residual 
stress state was significantly too high and had a detri-
mental effect on the fatigue life. Additional effects, 
such as material embrittlement, may also have played 
a negative role. At a rolling pressure of 200 bar (blue), 
the bearings achieve a fatigue life of 223 million revo-
lutions. This represents a 75% increase in fatigue life. 
This suggests that the initially introduced residual 
stress state was beneficial for the stress conditions in 
the boundary zone of the bearing inner ring. 

Table 6 summarizes the key results of the fatigue life 
tests. 
 
 
Table 6: Fatigue life test results. 

Test 
series 

 

Load 
ratio 
C/P 

Pres-
sure 
 pW 

Rolling 
temp.  

T 

Exp. life 
time 
B10 

1 (black) 4 - - 132 mio. 
rev. 

2 (red) 4 400 bar 20 °C 
(RT) 

84 mio. 
rev. 

3 (blue) 4 200 bar 20 °C 
(RT) 

233 mio. 
rev. 

It should be noted that the confidence intervals exhibit 
a substantial overlap. To make well-founded state-
ments, additional experiments are necessary. How-
ever, a clear trend can be observed from the experi-
ments. An initial compressive residual stress state can 
enhance the fatigue life of a bearing. However, it is im-
portant to note that this initial compressive residual 
stress state has an optimum. Exceeding this optimum, 
particularly due to an excessively high residual stress 
state, can lead to negative effects on fatigue life. 

5. Conclusions and outlook 
The results of the material analysis have shown that 
thermal effects play a significant role in the deep roll-
ing process and cannot be overlooked in the hard turn-
ing and deep rolling process. Both hardness and resid-
ual stress states are substantially influenced by thermal 
input into the component. Especially temperatures 
above 200 °C lead to a significant reduction in both 
hardness and the residual compressive stresses. These 
findings provide a better understanding of the interac-
tions between thermal and mechanical effects and of-
fer a basis for future research and development. 
The fatigue life tests show that excessively high resid-
ual compressive stresses introduced by deep rolling 
can be detrimental to fatigue life. By reducing the in-
troduced compressive residual stresses, higher fatigue 
lives can be achieved compared to bearings that are 
only honed and ground. This indicates that there is an 
optimal initial residual stress state. 
Further lifetime tests that account for the thermal in-
fluence during the deep rolling process are necessary. 
The results will enable the optimization of the com-
bined process of hard turning and deep rolling. The re-
sulting bearing inner rings must be subjected to a final 
series of tests to evaluate their fatigue life. 
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