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Abstract - The replacement of damaged journal bearings in forming machines eventuates in very high personal and material
costs as well as long-term downtime. Moreover, new discontinuous forming processes (e.g. press hardening, pendulum
operations) have a negative effect on the hydrodynamic pressure built up in the bearing and can lead to failure. Therefore, users
and manufacturers of forming presses are looking for ways to improve the safety of this key component. In this paper, a
simulation method to design an intelligent hybrid plain bearing (IHPB) and its hydraulics actuators is presented. A substitute
model of the bearing composed of lookup tables is derived and integrated in a multiphysics model. An eccentricity control
strategy is then developed and tested with a load profile from a deep drawing process. The results show a great potential for
the performance of IHPB and its simulations.

Keywords – Hybrid-bearing, active lubrication control, journal bearing wear prevention, journal bearing
multiphysics simulation, forming machine
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1.

with the crankshaft position i.e. one injection per cycle
and then the bearing works as a purely hydrodynamic
one. Wegmann and Gold [13,14] developed an
actively lubricated plain bearing for ship propulsion
with specifically designed pressure sensitive
mechanical valves. In the works of Estupiñan,
Wegmann and Gold, the behavior of the active
hydrostatic pocket are included in the numerical
integration of the Reynolds’ equations. Their results
show good concordance with experiments. However,
the coupling of these models with dynamic
multiphysic ones in order to effectively develop the
hydrostatic circuit and to design the active control of
the IHBP, results in very complex and time intensive
simulations.

Introduction

Operating under heavy load and low speed is critical
for hydrodynamic journal bearings, but due to their
simple manufacturing and low space requirement, they
are used under these conditions in a wide range of
applications. This bearing type often operates in the
mixed friction range and therefore has a high risk of
failure. This is particularly true for hydrodynamic
journal bearings in mechanical presses where new
technology variations (pendulum stroke, drawing with
back pull or press hardening etc.) push the bearing
further to its limits.
One way to overcome these new challenges is to use
hybrid plain bearings. These bearings are fed with
pressurized lubricant and are optimized to take
advantage of the both working principles: hydrostatic
and hydrodynamic [1]. The active control of the
lubrication in hybrid bearings by the means of servovalve was first theoretically considered on tilting pad
bearing by Santos in 1994 [2] and then in [3] and [4]
with the aim of increasing the damping and stability.
The concept showed great results and was
experimentally demonstrated in [5] and [6]. In these
works, the hybrid behavior of the bearing and the
active control are modeled by integrating a system of
equations of motion and by solving modified
Reynolds’ equation at each time step. For highfrequency perturbation, this method demands
considerable calculation time, which makes it difficult
to add some degree of complexity and for example,
take into account the influences of the temperature or
the elastic deformations on the bearing or the rotor. As
explained in [7], an alternative method is to introduce
the “actively lubricated bearing calibration function”.
This function describes the relationship between the
servo-valve input signal and the resultant force over
the rotor in the frequency domain. As, in the case for
vibrations reduction, the bearing movements are very
small, the systems of equations can be linearized. The
calibration function is then directly obtained in
frequency domain through a harmonic analysis with a
significant reduction of the calculation time. In order
to model the performance of an actively lubricated
hydrostatic plain bearing against perturbationrejections by means of eccentricity signal and servovalve, Rehman et al [8–11] neglected the
hydrodynamic effects and solved the dynamic system
in the time domain. When the goal of the active
lubrication is to avoid wear and rotor/bearing contact
with minimum power use, the hydrodynamic term of
the Reynolds’ equation is important. Moreover, as the
rotor movements in the bearing of forming machine
are highly dynamical, a harmonic analysis in a
linearized position cannot be performed. More
recently, Estupiñan [12] investigated an actively
lubricated hybrid plain bearing for reciprocating
compressor. The pressurized lubricant is injected
through injectors and injections time is determined

In this work, a model to simulate the behavior of an
intelligent hybrid plain bearing (IHPB), as presented in
[15], and support its design is detailed. The IHPB has
an active lubrication control based on the eccentricity
between the bearing and the shaft. Thanks to a derived
substitute model of the bearing and its integration in a
dynamic multiphysics model, a control strategy is
efficiently elaborated and tested.

2.

Design of the IHPB simulation model

The IHPB is a mechatronic system composed
of a hybrid bearing, hydraulic actuators for the
hydrostatic lubrication, an eccentricity control
algorithm and an eccentricity measurement
system. This hybrid bearing is able to actively
control the optimal pressure and flow rate of
high pressure lubricant to prevent mixed lubrication.
In order to design the bearing geometry and
the active eccentricity control, a multiphysics
simulation model is set up and a substitute model of
the bearing is integrated in this simulation
environment.
2.1

Multiphysics model

First, a simplified hydraulic dynamic model of the
hydrostatic
circuit
is
built
using
MATLAB/SIMULINK.
This circuit is composed of:
•

A bladder accumulator, the volume of gas is
modelled as ideal and adiabatic

•

A servo-valve for each pair of hydrostatic
(HS) pockets, modelled with the resistance
equation of a control edge and a first order
proportional time element (PT1) for the
dynamics of the spool

A schematic of the hydraulic circuit used for the
simulation model is depicted in Figure 1.
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outputs (or the data in the tables) are the stiffness and
damping matrix of the bearing (𝐾𝐾 and 𝐶𝐶), which
include the stiffness and damping in both x and y
directions and the cross coupling terms. The other
outputs are the pressures in the bearing HS pockets
(𝑃𝑃𝐻𝐻𝐻𝐻,𝑖𝑖 ). Finally, the inputs of the substitute model are
the flow rates (𝑄𝑄𝑆𝑆𝑆𝑆,𝑖𝑖 ), the rotational speed (𝑛𝑛), and the
external forces applied on the bearing (𝐹𝐹𝑒𝑒𝑒𝑒𝑒𝑒 ). The
outputs are the pressures in HS pockets (𝑃𝑃𝐻𝐻𝐻𝐻,𝑖𝑖 ) and the
bearing eccentricity (𝜀𝜀𝑥𝑥 , 𝜀𝜀𝑦𝑦 ). A schematic of the
bearing substitute model is presented in Figure 2.

Figure 1: Schematic of the hydraulic HS circuit used. 𝑝𝑝0 is
the supply pressure, 𝑉𝑉𝑎𝑎𝑎𝑎𝑎𝑎 is the accumulator volume, 𝑃𝑃𝑎𝑎𝑎𝑎𝑎𝑎 is
accumulator volume, 𝑄𝑄𝑆𝑆𝑆𝑆1 is the lubricant flow through the
servo-valve 1, 𝑃𝑃𝑁𝑁 is the valve nominal pressure, 𝑄𝑄𝑁𝑁 is the
nominal flow and 𝑓𝑓𝑆𝑆𝑆𝑆 the cut frequency of the valve.

Each time step a new volumetric flow rate through the
HS pockets (𝑄𝑄𝑆𝑆𝑆𝑆,𝑖𝑖 ) is calculated using the equation of
flow resistance in the servo-valve (Eq. 1) and used as
input for the lookup tables.

The maximum pressure of the accumulator (or supply
pressure) 𝑝𝑝0 , volume 𝑉𝑉𝑎𝑎𝑎𝑎𝑎𝑎 of the accumulator as well
as the nominal flow 𝑄𝑄𝑁𝑁 , nominal pressure 𝑃𝑃𝑁𝑁 and cut
frequency of the servo-valves 𝑓𝑓𝑆𝑆𝑆𝑆 are important
parameters for the proper functioning of the IHPB.
They are determined thanks to the multiphysics model.

𝑄𝑄𝑆𝑆𝑆𝑆,𝑖𝑖 = 𝑦𝑦𝑆𝑆𝑆𝑆,𝑖𝑖

The hydraulic model is then combined with a
substitute dynamic model of the hybrid bearing.
Because of the strong non-linearity of the bearing
dynamic, prior generated lookup tables are used. These
tables are coupled with the equation of motion in order
to fully describe the behavior of the IHPB. The inputs
of the lookup tables are the bearing eccentricity (𝜀𝜀𝑥𝑥 ,
𝜀𝜀𝑦𝑦 ), the shaft rotational speed (𝑛𝑛), and the volumetric
flow rate of each pair of HS pockets (𝑄𝑄𝑆𝑆𝑆𝑆,𝑖𝑖 ). Two

𝑄𝑄𝑁𝑁

�𝑃𝑃𝑁𝑁

�𝑃𝑃𝑎𝑎𝑎𝑎𝑎𝑎 − 𝑃𝑃𝐻𝐻𝐻𝐻,𝑖𝑖

(Eq. 1)

𝑦𝑦𝑆𝑆𝑆𝑆,𝑖𝑖 is the opening of the valve i. The pressure in the
HS pocket i is given by the corresponding lookup table
of the bearing substitute model.

Figure 2: Schematic representation of the bearing substitute model. 𝐹𝐹𝑒𝑒𝑒𝑒𝑒𝑒 is the external force applied on the bearing.

Every new positions of the bearing are then deduced
from the dynamic equation of motion applied on the
bearing (Eq. 2) and used as input for the lookup tables.

𝑚𝑚𝑏𝑏 ∙ 𝛦𝛦̈ = 𝐶𝐶 ∙ 𝛦𝛦̇ + 𝐾𝐾 ∙ 𝛦𝛦 +
9

𝐹𝐹𝑒𝑒𝑒𝑒𝑒𝑒
𝐶𝐶𝑅𝑅

(Eq. 2)
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the Reynolds equation can be written as

𝑚𝑚𝑏𝑏 is the bearing mass and 𝐹𝐹𝑒𝑒𝑒𝑒𝑒𝑒 the extern forces on
the bearing. The stiffness matrix 𝐾𝐾 and the damping
matrix 𝐶𝐶 are read from the corresponding lookup table
of the bearing substitute model, 𝛦𝛦, 𝛦𝛦̇ , 𝛦𝛦̈ are the
eccentricity vector (𝜀𝜀𝑥𝑥 , 𝜀𝜀𝑦𝑦 ) and its first and second
temporal derivatives.

∂  H3

∂Π  ∂  H 3 ∂Π 

+ 
=
∂ϕ  12 η ∗ ∂ϕ  ∂ z  12 η ∗ ∂z 
(Eq. 4)
1 ∂
∂
∗
∗
( ρ fC H ) +
(ρ H )
2 ∂ϕ
∂φ

To complete the model, a bearing eccentricity control
is added as presented in Figure 3. In this bloc different
control strategies can be implemented and tested. The
multiphysics model allows a fast prototyping of
control structures and trigger conditions for the active
hydrostatic support.

where ρ* is the relative lubricant density. In the
cavitation model used, it is equivalent to the degree of
filling [17].
The flow in the lubrication gap is strongly influenced
by the thermal conditions. As a result of dissipation
due to internal friction, a three-dimensional
temperature distribution is formed in the lubricant
film. In order to take this into account in the extended
Reynolds' differential equation as a result of the Navier
Stokes equations, the mean values for the threedimensional viscosity distribution are calculated using
(Eq. 5):

1
 F 
dy
1
fC =
2  1 − 1  , F0 =
,
,
η p∗ =
∫

F
12 F2
η∗

0
0 

1

y dy 
F1 ∫ =
, F2
=
η∗
0
Figure 3: Schematic representation of the intelligent hybrid
plain bearing multiphysics mode. . 𝜀𝜀𝑠𝑠𝑠𝑠𝑠𝑠 is the set eccentricity
of the active eccentricity control and 𝑦𝑦𝑆𝑆𝑆𝑆,𝑖𝑖 is the servo-valve
input.

2.2

F 
∫ η ∗  y − F1  dy.
1

0

y 



0

(Eq. 5)



For this purpose, the three-dimensional temperature
distribution in the lubricating film must be known,
which is determined by the solution of the energy
differential equation

Derivation of the hybrid bearing lookup
tables

 2 ∂ 2ϑ ∂ 2ϑ
∂ 2ϑ 
+ 2 +ψ 2 2  +
ψ
2
∂y
∂z 
Pr Re0 ψ  ∂ϕ
1

(Eq. 6)
To be able to describe the journal bearing behavior and
 ∂u 2  ∂w 2 
∂ϑ
∂ϑ
∂ϑ
create a lookup table, the operating conditions in the
u
v
+
+
w
.
η ∗K t   + 
=


∂ϕ
∂y
∂z
 ∂y   ∂y  
lubricating gap have to be calculated. This is done with
the journal bearing calculation program COMBROS R
The influence of the temperature-dependent viscosity,
[16]. It enables the non-isothermal calculation of the
is taken into account using (Eq. 7):
static and dynamic characteristics of lubricated journal
bearings. The basis for describing the flow in the
 159.56 ° C

− 0.18193 

lubricating gap is the solution of the extended

 ISOVG ⋅ ρ   ϑ +95 °C
η 0,18mPas1 ⋅ 
. (Eq. 7)
Reynolds equation, which can be derived from the =

η1


Navier-Stokes equations and the continuity equation.
With the dimensionless parameters
More detailed calculation method can be found in [17].

Π=

p CR 2 ,
(η0 ω r 2 )

ϕ=

x
r

, y = y ,

h , ∗ η ,
η =
H=
η0
CR

CR

z =

φ =ω t

z
r

,

From the field size distributions, which are
determined based on of the solutions of the
partial differential equations introduced previously,
bearing characteristic values can be determined by
integration, which characterize the operating behavior
of the bearing. The restoring force of the lubricating
film due to a static external load is obtained by

(Eq. 3)
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integrating the lubricating film pressure, which is the
result of the solution of Eq. 4, over the journal surface

∂  Hst3 ∂  ∂Π   ∂  Hst3 ∂  ∂Π  

+ 
=
∂ϕ 12η p∗ ∂ϕ  ∂Y st  ∂z 12η p∗ ∂z  ∂Y st 
−



 Πx   4
  = 
 Πy  
4



Π sin ϕ dz dϕ 

2π 2 B / D
.
1
Π cos ϕ dz dϕ 
B / D ∫0 ∫0

1
B/D

2π 2 B / D

∫ ∫
0

0

(

)

(Eq. 11)

(Eq. 8)

The additional restoring forces for a bearing load of
sufficiently small magnitude that varies over time can
be determined with the result of a linear perturbation
calculation. For this purpose, the following
approximations are made for the temporal change of
the gap and the pressure under the condition of rigid
walls

∂  Hst3 ∂  ∂Π   ∂

+
∂ϕ  12η p∗ ∂ϕ  ∂X ′ st  ∂z

 Hst3 ∂  ∂Π  
− ρ ∗ sin ϕ, (Eq. 12)


 =
∗
 12η p ∂z  ∂X ′ st 

 Hst3 ∂  ∂Π   ∂


 +
∗
12η p ∂ϕ  ∂Y ′ st  ∂z

 Hst3 ∂  ∂Π  
− ρ ∗ cos ϕ


 =
∗
12η p ∂z  ∂Y ′ st 
(Eq. 13)

∂
∂ϕ

It should be noted that all implicit dependencies of the
pressure itself must be linearized and the solution
functions of equations 10 to 13 must generally be
determined iteratively. This includes, for example, the
linear dynamic volume flow balance, which is the
basis for the correct formulation of the boundary
conditions for the fault equations. By integrating the
solution functions over the shaft surface analogous to
equation 8, one obtains the four stiffness ( γ ∗ik ) and
damping coefficients ( β ik∗ ) according to

H (ϕ, z ) = Hst (ϕ, z ) − X sin ϕ − Y cos ϕ,
∂H
(ϕ, z ) =
− X ′ sin ϕ − Y ′ cos ϕ,
∂τ
 ∂Π 
Π(ϕ, z ) =
Π st (ϕ, z ) + 
 X+
 ∂X st

1 ∂ ∗
∂  3H 2 cos ϕ ∂Π st  ∂  3Hst2 cos ϕ ∂Π st 
ρ fC cos ϕ +  st ∗
+ 
,
2 ∂ϕ
∂ϕ  12η p
∂ϕ  ∂z  12η p∗
∂z 

(Eq. 9)

 ∂Π 
 ∂Π 
 ∂Π 
 ∂Y  Y +  ′  X ′ +  ′  Y ′.

st
 ∂X st
 ∂Y st

Figure 4 shows the dimensional parameters of=
the
γ ik∗
linear perturbation calculation.
β ik∗
=

1
4 B/D

2π 2 B / D

1
4 B/D

2π 2 B / D

∫ ∫
0

0

∫ ∫
0

0

 ∂Π 

 ( (i − 1)cos ϕ − (i − 2)sin ϕ ) dz dϕ,
 ∂qk 
 ∂Π 

 ( (i − 1)cos ϕ − (i − 2)sin ϕ ) dz dϕ
 ∂qk + 2 

(Eq. 14)

with i,k = 1,2 and qn = X , Y , X ′, Y ′ for n = 1 to 4.
The dynamic lubricating film restoring force thus
results in
 Πx 
 =
 Πy 
Figure 4: Dimensional quantities of the linear perturbation
calculation

The dimensional stiffness coefficients follow from this
to K=
γ ik∗ ⋅ (2 B η0 ω ) / ψ 3 . The dimensional
ik

By inserting the linear approach of Eq. 9 into the
generalized Reynolds differential Eq. 4, the four
perturbation equations [18] result, assuming that all
other changes are negligibly small:

damping
is
obtained
according
to
∗
3
.
Detailed
descriptions
of
C=
⋅
(2
B
)
/
(
)
β
η
ω
ω
ψ
0
ik
ik
s
the perturbation calculation for the extended form of
the Reynolds' differential equation can be found
in [18–21]. Also all descriptions of the used variables
used for the description of hydrodynamics are
explained there.

∂  Hst3 ∂  ∂Π   ∂  Hst3 ∂  ∂Π  

+ 
=
(Eq. 10)
∂ϕ 12η p∗ ∂ϕ  ∂X st  ∂z 12η p∗ K z ∂z  ∂X st 
−

1 ∂ ∗
∂  3H 2 sin ϕ ∂Π st  ∂  3Hst2 sin ϕ ∂Π st 
ρ fC sin ϕ +  st ∗
+ 
,
2 ∂ϕ
∂ϕ  12η p
∂ϕ  ∂z  12η p∗
∂z 

(

 Πx 
 γ * γ 12*   X   β11* β12* 
⋅
⋅ (Eq. 15)
  +  11
+ *
*
*  
* 
 Π y st  γ 21 γ 22   Y   β 21 β 22 

)
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With these model assumptions contained in the journal
bearing calculation software COMBROS R [16], it is
possible to generate accurate lookup tables of the HS
pocket pressures (𝑃𝑃𝐻𝐻𝐻𝐻,𝑖𝑖 ) bearing stiffness (𝐾𝐾) and
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damping matrix (𝐶𝐶) of the lubricant film depending on
the input values: bearing eccentricity eccentricity (𝜀𝜀𝑥𝑥 ,
𝜀𝜀𝑦𝑦 ) and shaft rotational speed.

corresponds to the journal bearing of a machine
which is slightly used over its capacities and is
therefore endangered. Based on this bearing,
hydrostatic pockets and an eccentricity control are
designed.

To validate the IHPB concept a bearing prototype to
be tested on a test rig is designed using the previously
described multiphysics model structure.

3.2

3.

3.1

Use case: Deep drawing process

Hybrid bearing geometry design

A traditional bearing geometry from the mechanical
press industry was chosen. A circular cylindrical radial
slide bearing without additional geometric recesses
(e.g. transverse grooves) is defined as test bearing.

Definition of load case and bearing
parameters

In order to carry out a simulative potential estimation,
the simple circular cylindrical hydrodynamic plain
bearing with hydrostatic pockets (HS) was
supplemented. The main objective is to avoid the
critical operating condition of the bearing while at the
same time achieving high energy efficiency (minimum
hydrostatic volume flow and pressure) of the resulting
hybrid plain bearing. This is achieved by a small
number of HS pockets and a controlled operation of
the hydrostatic support. The use of both operating
mechanisms (hydrodynamic and hydrostatic) is crucial
to reduce hydrostatic oil consumption. The positions
of the HS pockets were therefore selected in a way that
they are not located in the main load zone to prevent
backflow, but still in the effective area of the
lubricating film of the bearing (optimization). For this
reason, the pockets are positioned in the area of the
pressure build-up and directly behind the expected
pressure maximum. In order to avoid an impairment of
the hydrodynamic contact area, a flat, large-area
pocket geometry of the HS pockets has been used.

The test load case is derived from the load profile
of the main bearing of an eccentric press connecting
rod during a deep drawing forming process.
The load and rotational speed of the test case is then
downsized (Figure 5) to fit the test rig dimensions.

In order to ensure sufficient tilting rigidity in the
lubricating film when the shaft is tilted towards the
bearing bush in hybrid operation, two separate HS
pockets with a common feed and corresponding
chokes were defined on an angular coordinate. For the
positioning of the hydrostatic pockets several variation
calculations were carried out. Figure 6 shows the
position’s influence of the hydrostatic pockets on the
load carrying capacity.

Figure 5: Load case for the IHPB design. Lubricant ISO
VG150 at temperature 40°C, relative clearance of 0.667‰,
diameter of 300 mm and bearing width of 98 mm

A bearing diameter of 300mm is chosen in accordance
to
the
maximum
capacity
of
the
bearing test rig. A typical relative bearing
clearance 𝛹𝛹 = 0.667‰ is chosen for this kind
of application. A conventional lubricant ISO VG 150
fed at a temperature of 40°C is defined.
The bearing width is then set so that the bearing
faces is shortly overloaded during the load case.
As shown in Figure 5 with the evolution of the
Sommerfeld number, the bearing is partially in
heavy load domain (Sommerfeld number > 3) for
a chosen bearing width of 98 mm. This
combination of load case and bearing parameters
12
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Figure 7 shows the plain bearing bushing with the
mounting collar on the front and the oil supply pockets

Figure 7: IHPB bushing

Figure 6: Influence of the HS pocket position on the
hydrostatic oil supply and load capacity

The deformation behavior of the bearing carrier
was determined with the help of influence number
matrices
that
were
calculated
a
priori.
These matrices form an input quantity for the
bearing calculation program COMBROS R [16], so
that the deformation influence due to the compressive
load can be calculated. Figure 8 shows an
example of a deformation field of the bearing bush
surface.

With lower hydrodynamics, the load-bearing
capacity increases with a smaller distance of the
pockets (155°/205°) from the main load zone at 180°,
while the opposite behavior occurs with increasing
circumferential speed. At higher speeds, more widely
spaced pocket arrangements would be better and at
lower speeds, a more closely spaced pocket
arrangements would be better. The predicted oil flow
rate QHS is nearly the same for all speeds. For this, a
medium positioning (145°/215°) was chosen as the
most favorable compromise with regard to limiting a
maximum system admission pressure of approx. 300
bar.

The positive deformation values in the range of 90°
and 270° show that the plain bearing bushing tends to
ovalize. In addition, in the main load
zone at 180° there is a slight opening of the gap
towards the bearing edge. However, the bearing
characteristics such as the maximum lubricant film
pressure pmax and the minimum gap height hmin
do not show any significant change due to the
deformation. Only the hydrostatic oil flow
rate and the displacement angle of the shaft journal
are influenced by taking the deformations into
account, as shown in Figure 9. Thus, when taking
the deformations into account, the hydrostatic
oil flow rate increases with the deformations
due to the lateral opening of the bearing in the
main load zone are taken into account, while
the shaft is displaced slightly more in the direction of
rotation.

Finally, the geometrical parameters of the repository
are shown in Table 1.
Table 1: Geometric bearing parameters
Parameter

Value

Bearing type

journal

Bearing width b

98 mm

bearing diameter d

300 mm

Clearance 𝛹𝛹

0,667 ‰

Low pressure oil support

2x (90/270°)

High pressure oil support

4x (2x145°/2x215°)

For the parameter range under consideration, no
significant change in the operating behavior of the
bearing due to the deformation influence is expected.
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Figure 8: Calculated lubrication gap deformation of the test bearing (Tsup = 40 °C, F = 200 kN, ISO-VG 150)

control strategy and the parameters of the HS hydraulic
circuit have to be determined with the multiphysics
model and the integrated substitute model of the
bearing.
In this work, the hydrostatic support is activated, once
the eccentricity 𝜀𝜀 exceeds a threshold 𝜀𝜀𝑙𝑙𝑙𝑙𝑙𝑙 . A
proportional integral (PI) control is then set to stabilize
the eccentricity at the value of the threshold 𝜀𝜀𝑙𝑙𝑙𝑙𝑙𝑙 by
controlling the voltage input of the servo-valves.
Lang [22] defined the mixed lubrication limit
as the sum of the roughness 𝑅𝑅𝑧𝑧 and waviness 𝑊𝑊𝑡𝑡 of
bearing and shaft. As the oil flow is proportional
to the cubic of the lubricating gab, the threshold 𝜀𝜀𝑙𝑙𝑙𝑙𝑙𝑙 is
set at this mixed lubrication limit to be as high as
possible and thus maintain a minimal oil consumption
through the HS pockets (Eq. 16).

𝜀𝜀𝑙𝑙𝑙𝑙𝑙𝑙 = 1 −

(Eq. 16)

𝐶𝐶𝑅𝑅 is the journal bearing radial clearance. A surface
roughness 𝑅𝑅𝑧𝑧 of 6.3 µm for the bearing and the shaft is
considered as a typical value in forming machines.
Furthermore, the manufacturing process of these two
components is precise enough to neglect the waviness
𝑊𝑊𝑡𝑡 . With these assumptions, (Eq. 16) is reduced to
(Eq. 17).

Figure 9: Calculated influence of the deformation behaviour
of the test bearing under static load; a) bearing
characteristics, b) journal displacement (Tsup = 40 °C,
F = 200 kN, ISO-VG 150)

Using the method detailed in 1.4 and considering the
defined geometry and deformation of the bearing, the
substitute model of the bearing is derived.
3.3

𝑅𝑅𝑧𝑧,𝑆𝑆 + 𝑅𝑅𝑧𝑧,𝐵𝐵 + 𝑊𝑊𝑡𝑡,𝑆𝑆 + 𝑊𝑊𝑡𝑡,𝐵𝐵
𝐶𝐶0

𝜀𝜀𝑙𝑙𝑙𝑙𝑙𝑙 ≈ 1 −

Active hydrostatic design

After the successful design of the hybrid bearing
with an optimal position of the HS pockets to not
disturb the hydrodynamic operation, the eccentricity
14

12,6∙10−6
𝐶𝐶0

= 0.87

(Eq. 17)

In order to optimize the lubrication, the control is
deactivated when the bearing is considered in a safe
state, which is given for an eccentricity 𝜀𝜀 smaller
than 𝜀𝜀𝑙𝑙𝑙𝑙𝑙𝑙𝑙𝑙𝑙𝑙𝑙𝑙 = 0.83.
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To minimize the leakage in pure hydrodynamic
functioning, the valves exhibit a positive spool
overlap, so that the valves close if no hydrostatic
support is needed. Servo-valves D1FP from Parker
have been chosen. They present a very good
dynamic response of 350Hz at input signal between
-5 and 5%, which is very important for this kind of
control.

first and third graphics of Figure 11, the HS pressure
values
in
the
pockets
and
the
total
lubricant flow 𝑄𝑄𝑇𝑇𝑇𝑇𝑇𝑇𝑇𝑇𝑇𝑇 through the two valves follow
perfectly the bearing load. 𝑃𝑃𝐻𝐻𝐻𝐻12 is up to 10 bar
above 𝑃𝑃𝐻𝐻𝐻𝐻34 when the load profile is maximal.
This corresponds to a hydrodynamic pressure
difference caused by the shaft velocity. The total flow
doesn’t exceed 0.6 l/min. A total volume of 16 ml
lubricant pro process cycle is calculated for this load
case. With this value and the supply pressure 𝑝𝑝0 , the
hydraulic aggregate and the accumulator can easily be
designed.
A
nominal
flow
𝑄𝑄𝑁𝑁 = 6 𝑙𝑙/𝑚𝑚𝑚𝑚𝑚𝑚
of the valves for a nominal pressure 𝑃𝑃𝑁𝑁 = 35 𝑏𝑏𝑏𝑏𝑏𝑏
is chosen, so that the valve input voltage during
the control is relatively broad for the electronic
precision and close to the 5% span of
the valve maximum input for an optimal
dynamic response. Simulations with these parameters
indicate an input between 0 and 6% of the maximal
valve input.

A schematic of the closed loop control system is
depicted in Figure 10.
The control strategy and valve parameters are then
implemented in the SIMULINK model of the IHBP.
Results of simulation are illustrated in Figure 11.
A simulation comparison of the load case with and
without HS support indicates a reduction of the
maximal eccentricity of nearly 0.1 (from 0.96 to 0.87).
The control is also very robust, the eccentricity
is precisely stable at the set value with very
small overshooting. The pressure in the 4 hydrostatic
pockets (𝑃𝑃𝐻𝐻𝐻𝐻12 and 𝑃𝑃𝐻𝐻𝐻𝐻34 ) is always below 80 bar
which allows to determine a supply pressure
𝑝𝑝𝑠𝑠𝑠𝑠𝑠𝑠 = 100 bar for the accumulator. As depicted in the

Figure 10: Closed loop control of the IHPB
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Figure 11: Simulation results of the IHPB control strategy

3.4

Performance evaluation of the designed
IHPB

To evaluate the performance of the designed hybrid
bearing with the PI based eccentricity control strategy
from 1.8, simulations with different load step are
conducted. For this performance evaluation, a constant
rotational speed of 10 rpm is set and the lubricant is
fed with a temperature of 40 °C.
In Figure 12 a comparison of the eccentricity with
and without HS support is presented. For load step
smaller than 30 kN (10 kN and 20 kN in Figure 12)
the eccentricity is below the threshold and the
HS support is not activated. To prevent wear on the
running surface, the support is activated for the next
load steps. It represents an eccentricity reduction
of 8% for 120 kN and more than 11% for the three
other loads (220 kN, 320 kN and 420 kN).
For a maximal lubricant use of 0.8l/min. The
eccentricity evolution shows that the closed loop
response of the IHPB is very fast, robust
(very few overshooting) and precise. At 420 kN
the pressure in the first two HS pockets reaches
100 bar, which is the limit of the pressure supply. It
can be concluded that the designed IHPB allows an
increase of the maximal bearing load of nearly 1400%
(from 30 kN to 420 kN) without endanger the bearing
safety.

Figure 12: Performance evaluation of the IHPB with step
load (10, 20, 120, 220, 320, 420 kN) at 10rpm and 40°C.

4.

Conclusions

The simulation method described in this work has
shown very good results in the modeling of
a hybrid plain bearing in a multiphysics
environment. A substitute model of the bearing
is first derived using the thermo-elasto-hydro-dynamic
code COMBROS R. This simplified model is
composed of lookup tables, which consider the
nonlinear behavior of the bearing. It is
then coupled with a hydraulic model of the
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hydrostatic lubricant supply. Based on this, an
intelligent bearing eccentricity control was tested, and
the hydrostatic actuators were finer designed.
According to the simulations performed with a
downsized load case from a forming process,
the control strategy derivate from a PI-controller
presents
great
precisions
and
stability.
The safety of the IHPB was guaranteed with
an optimal use of lubricant and hydraulic power.
Simulation with step load has shown that the
response of the system is fast and that the IHPB
enables an increase of the bearing maximal load up to
1400%. This IHPB was manufactured and tested in a
plain bearing test rig at the Fraunhofer-Institute for
Machine Tools and Forming Technology (IWU). The
results presented in this paper are in accordance with
the experiments detailed in [23].

[3] Nicoletti R., and Santos I. F., 2001, “Vibration
control of rotating machinery using active tiltingpad bearings,” 2001 IEEE/ASME International
Conference on Advanced Intelligent
Mechatronics. Proceedings (Cat. No.01TH8556),
IEEE, Como, Italy, July 8-12, 2001, pp. 589–594.
DOI: 10.1109/AIM.2001.936530.
[4] Nicoletti R., and Santos I. F., 2003, “Linear and
non-linear control techniques applied to actively
lubricated journal bearings,” Journal of Sound
and Vibration, 260(5), pp. 927–947. DOI:
10.1016/S0022-460X(02)00951-3.
[5] Santos I. F., and Scalabrin A., 2003, “Control
System Design for Active Lubrication With
Theoretical and Experimental Examples,” Journal
of Engineering for Gas Turbines and Power,
125(1), pp. 75–80. DOI: 10.1115/1.1451757.

For more confidence in the developed technology
an extended comparison with experimental data would
be necessary. Nevertheless, this method is very
versatile and can be exerted to validate other use cases,
actuators and control strategies. Moreover, the
lookup table of the substitute bearing model
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other bearing behavior, such as the lubricant
temperature, the bearing deformation or the shaft
misalignment.
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